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Introduction

The knowledge of materials and their properties is of great
significance for a design engineer. The machine elements should be
made of such a material which has properties suitable for the
conditions of operation. In addition to this, a design engineer must be
familiar with the effects which the manufacturing processes and heat
treatment have on the properties of the materials. In this chapter, we
shall discuss the commonly used engineering

materials and their properties in Machine Design.

Classification of Engineering Materials
The engineering materials are mainly classified as :

1. Metals and their alloys, such as iron, steel,
copper, aluminium, etc.

2. Non-metals, such as glass, rubber, plastic, etc.
The metals may be further classified as :

(a) Ferrous metals, and (b) Non-ferrous metals.

The *ferrous metals are those which have the iron as their main
constituent, such as cast iron, wrought iron and steel. The non-ferrous
metals are those which have a metal other than iron as their main
constituent, such as copper, aluminium, brass, tin, zinc, etc

Selection of Materials for Engineering Purposes

The selection of a proper material, for engineering purposes, is one of
the most difficult problem for the designer. The best material is one
which serve the desired objective at the minimum cost. The following
factors should be considered while selecting the material :

1. Availability of the materials,

2. Suitability of the materials for the working

conditions in service, and

3. The cost of the materials.

Mechanical Properties of Metals
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The mechanical properties of the metals are those which are associated
with the ability of the

material to resist mechanical forces and load. These mechanical
properties of the metal include strength,

stiffness, elasticity, plasticity, ductility, brittleness, malleability,
toughness, resilience, creep and

hardness. We shall now discuss these properties as follows:

1. Strength. It is the ability of a material to resist the externally
applied forces without breaking

or yielding. The internal resistance offered by a part to an externally
applied force is called *stress.

2. Stiffness. It is the ability of a material to resist deformation under
stress. The modulus of

elasticity is the measure of stiffness.

3. Elasticity. It is the property of a material to regain its original shape
after deformation when

the external forces are removed. This property is desirable for
materials used in tools and machines.

It may be noted that steel is more elastic than rubber.

4. Plasticity. It is property of a material which retains the deformation
produced under load

permanently. This property of the material is necessary for forgings, in
stamping images on coins and

in ornamental work.

5. Ductility. It is the property of a material enabling it to be drawn into
wire with the application

of a tensile force. A ductile material must be both strong and plastic.
The ductility is usually

measured by the terms, percentage elongation and percentage
reduction in area. The ductile material

commonly used in engineering practice (in order of diminishing
ductility) are mild steel, copper,

aluminium, nickel, zinc, tin and lead.

6. Brittleness. It is the property of a material opposite to ductility. It is
the property of breaking

of a material with little permanent distortion. Brittle materials when
subjected to tensile loads, snap

off without giving any sensible elongation. Cast iron is a brittle
material.
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7. Malleability. It is a special case of ductility which permits materials
to be rolled or hammered

into thin sheets. A malleable material should be plastic but it is not
essential to be so strong. The

malleable materials commonly used in engineering practice (in order
of diminishing malleability) are

lead, soft steel, wrought iron, copper and aluminium.

8. Toughness. It is the property of a material to resist fracture due to
high impact loads like hammer blows. The toughness of the material
decreases when it is heated. It is measured by the amount of energy
that a unit volume of the material has absorbed after being stressed
upto the point of fracture. This property is desirable in parts subjected
to shock and impact loads.

9. Machinability. It is the property of a material which refers to a
relative case with which a material can be cut. The machinability of a
material can be measured in a number of ways such as comparing the
tool life for cutting different materials or thrust required to remove the
material at some given rate or the energy required to remove a unit
volume of the material. It may be noted that brass can be easily
machined than steel.

10. Resilience. It is the property of a material to absorb energy and to
resist shock and impact loads. It is measured by the amount of energy
absorbed per unit volume within elastic limit. This property is
essential for spring materials.

11. Creep. When a part is subjected to a constant stress at high
temperature for a long period of time, it will undergo a slow and
permanent deformation called creep. This property is considered in
designing internal combustion engines, boilers and turbines.

Completely Reversed or Cyclic Stresses

Consider a rotating beam of circular cross-section and carrying a load
W, This load induces stresses in the beam which are cyclic in nature.
A little consideration will show that the upper fibres of the beam (i.e.
at point A) are under compressive stress and the lower fibres (i.e. at
point B) are under tensile stress. After half a revolution, the point B
occupies the position of

point A and the point A occupies the position of point B.

Thus the point B is now under compressive stress and

the point A under tensile stress. The speed of variation

of these stresses deale\:/o\(ljvsvlil ogr% ie ﬁ&)se%% r%f the beam.
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From above we see that for each revolution of the

beam, the stresses are reversed from compressive to tensile.
The stresses which vary from one value of compressive to
the same value of tensile or vice versa, are known as completely
reversed or cyclic stresses.

Notes: 1. The stresses which vary from a minimum value to a
maximum value of the same nature, (i.e. tensile or

compressive) are called fluctuating stresses.

2. The stresses which vary from zero to a certain maximum value are
called repeated stresses.

3. The stresses which vary from a minimum value to a maximum
value of the opposite nature (i.e. from a

certain minimum compressive to a certain maximum tensile or from a
minimum tensile to a maximum compressive)

are called alternating stresses.

Fatigue and Endurance Limit

It has been found experimentally that when a material is subjected to
repeated stresses, it fails at

stresses below the yield point stresses. Such type of failure of a
material is known as fatigue. The

failure is caused by means of a progressive crack formation which are
usually fine and of microscopic

size. The failure may occur even without any prior indication. The
fatigue of material is effected by

the size of the component, relative magnitude of static and fluctuating
loads and the number of load

reversals.
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Effect of Loading on Endurance Limit—Load Factor

The endurance limit ( (e) of a material as determined by the rotating
beam method is for

reversed bending load. There are many machine members which are
subjected to loads other than

reversed bending loads. Thus the endurance limit will

also be different for different types of loading. The

endurance limit depending upon the type of loading may

be modified as discussed below:

Let Kb = Load correction factor for the

reversed or rotating bending load.

Its value is usually taken as unity.

Ka = Load correction factor for the

reversed axial load. Its value may

be taken as 0.8.

Ks = Load correction factor for the

reversed torsional or shear load. Its

value may be taken as 0.55 for

ductile materials and 0.8 for brittle

materials.

4 Endurance limit for reversed bending load, (eb= (e.Kb= (e ...
QKb = 1) Endurance limit for reversed axial load, (ea= (e.Ka
and endurance limit for reversed torsional or shear load, |e = (e.Ks
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Effect of Surface Finish on Endurance Limit—Surface
Finish Factor
When a machine member is subjected to variable loads, the endurance
limit of the material for
that member depends upon the surface conditions. Fig. 6.3 shows the
values of surface finish factor
for the various surface conditions and ultimate tensile strength.

Important Terms used in Limit System

The following terms used in limit system

(or interchangeable system) are important from

the subject point of view:

1. Nominal size. It is the size of a part

specified in the drawing as a matter of convenience.

2. Basic size. It is the size of a part to which

all limits of variation (i.e. tolerances) are applied

to arrive at final dimensioning of the mating parts.

The nominal or basic size of a part is often the

same.

3. Actual size. It is the actual measured

dimension of the part. The difference between the basic size and the
actual size should not exceed a

certain limit, otherwise it will interfere with the interchangeability of
the mating parts.

4. Limits of sizes. There are two extreme permissible sizes for a
dimension of the part as

shown in Fig. 3.1. The largest permissible size for a dimension of the
part is called upper or high or

maximum limit, whereas the smallest size of the part is known as
lower or minimum limit.

5. Allowance. It is the difference between the basic dimensions of the
mating parts. The

allowance may be positive or negative. When the shaft size is less than
the hole size, then the allowance

IS positive and when the shaft size is greater than the hole size, then
the allowance is negative.

6. Tolerance. It is the difference between the upper limit and lower
limit of a dimension. In
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other words, it is the maximum permissible variation in a dimension.
The tolerance may be unilateral

or bilateral. When all the tolerance is allowed on one side of the
nominal size, e.g. 0.000

20— 0.004 +, then it

Is said to be unilateral system of tolerance. The unilateral system is
mostly used in industries as it

permits changing the tolerance value while still retaining the same
allowance or type of fit.

When the tolerance is allowed on both sides of the nominal size, e.g.
0.002

20— 0.002 +, then it is said to

be bilateral system of tolerance. In this case + 0.002 is the upper limit
and — 0.002 is the lower limit.

The method of assigning unilateral and bilateral tolerance is shown in
Fig. 3.2 (a) and

(b) respectively.

7. Tolerance zone. It is the zone between the maximum and minimum
limit size, as shown in

Fig. 3.3.

Fig. 3.3. Tolerance zone.

8. Zero line. It is a straight line corresponding to the basic size. The
deviations are measured

from this line. The positive and negative deviations are shown above
and below the zero line

respectively.

9. Upper deviation. It is the algebraic difference between the
maximum size and the basic size.

The upper deviation of a hole is represented by a symbol ES (Ecart
Superior) and of a shaft, it is

represented by es.

10. Lower deviation. It is the algebraic difference between the
minimum size and the basic size.

The lower deviation of a hole is represented by a symbol El (Ecart
Inferior) and of a shaft, it is

represented by ei.

11. Actual deviation. It is the algebraic difference between an actual
size and the corresponding

basic size.
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12. Mean deviation. It is the arithmetical mean between the upper and
lower deviations.

13. Fundamental deviation. It is one of the two deviations which is
conventionally chosen to

define the position of the tolerance zone in relation to zero line, as
shown in fig

— Tolerance

Tolerance zone ¥
R e e : ] Lpper
f 1 * deviation
Mlax. Fundamental deviation [ower deviation
A el .
_4 Zero line +
“Mp \———m——nn —— — —— — +
sl .
L Basic ziFe

Fits

The degree of tightness or looseness between the two mating parts is
known as a fit of the parts.

The nature of fit is characterised by the presence and size of clearance
and interference.

The clearance is the amount by which the actual size of the shaft is
less than the actual size of

the mating hole in an assembly as shown in Fig. 3.5 (a). In other
words, the clearance is the difference

between the sizes of the hole and the shaft before assembly. The
difference must be positive.

Types of fits.

The interference is the amount by which the actual size of a shaft is
larger than the actual

finished size of the mating hole in an assembly as shown in Fig. 3.5
(b). In other words, the interference

Is the arithmetical difference between the sizes of the hole and the
shaft, before assembly. The difference

must be negative.

Types of Fits

According to Indian standards, the fits are classified into the following
three groups :
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1. Clearance fit. In this type of fit, the size limits for mating parts are
so selected that clearance

between them always occur, as shown in Fig. 3.5 (a). It may be noted
that in a clearance fit, the

tolerance zone of the hole is entirely above the tolerance zone of the
shaft.

In a clearance fit, the difference between the minimum size of the hole
and the maximum size of

the shaft is known as minimum clearance whereas the difference
between the maximum size of the

hole and minimum size of the shaft is called maximum clearance

2. Interference fit. In this type of fit, the size limits for the mating
parts are so selected that
interference between them always occur, as shown in Fig. 3.5 (b). It
may be noted that in an interference
fit, the tolerance zone of the hole is entirely below the tolerance zone
of the shaft.
In an interference fit, the difference between the maximum size of the
hole and the minimum
size of the shaft is known as minimum interference, whereas the
difference between the minimum
size of the hole and the maximum size of the shaft is called maximum
interference, as shown in Fig.
3.5 (b).
The interference fits may be shrink fit, heavy drive fit and light drive
fit.
3. Transition fit. In this type of fit, the size limits for the mating parts
are so selected that either
a clearance or interference may occur depending upon the actual size
of the mating parts, as shown in
Fig. 3.5 (c). It may be noted that in a transition fit, the tolerance zones
of hole and shaft overlap.

The transition fits may be force fit, tight fit and push fit.
Effect of Surface Finish on Endurance Limit—Surface
Finish Factor
When a machine member is subjected to variable loads, the endurance
limit of the material for
that member depends upon the surface conditions. Fig. 6.3 shows the

values of surface finish factor .
www.vidyarthiplus.com
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for the various surface conditions and ultimate tensile strength.
Surface finish factor for various surface conditions.
When the surface finish factor is known, then the endurance limit for
the material of the machine
member may be obtained by multiplying the endurance limit and the
surface finish factor. We see that for a mirror polished material, the
surface finish factor is unity. In other words, the endurance limit for
mirror polished material is maximum and it goes on reducing due to
surface condition.
Let Ksur = Surface finish factor.
4 Endurance limit,
(el = (eb.Ksur= (e.Kb.Ksur = {e.Ksur...(Q Kb=1)
...(For reversed bending load)
= (ea.Ksur = (e.Ka.Ksur ...(For reversed axial load)
= |e.Ksur = (e.Ks.Ksur ...(For reversed torsional or shear load)
Note : The surface finish factor for non-ferrous metals may be taken
as unity.
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Rankine’s Formula for Columns
We have already discussed that Euler’s formula gives correct results
only for very long columns.
Though this formula is applicable for columns, ranging from very long
to short ones, yet it does not
give reliable results. Prof. Rankine, after a number of experiments,
gave the following empirical
formula for columns
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T. T
= Cnpplmg load by Rankme's formula
= Ulhmate crushing load for the cohmm =g * 4,

'E]
W = Crpplme load, obtamed by Eulers fommla = IF__

11

I
where W
I

1
:
r
v
C

A little consideration will show, that the value of WC will remain
constant irrespective of the

fact whether the column is a long one or short one. Moreover, in the
case of short columns, the value

of WE will be very high, therefore the value of 1 / WE will be quite
negligible as compared to 1 / WC.

It is thus obvious, that the Rankine’s formula will give the value of its
crippling load (i.e. Wcr)

approximately equal to the ultimate crushing load (i.e. WC ). In case of
long columns, the value of WE

will be very small, therefore the value of 1 / WE will be quite
considerable as compared to 1 / WC. It

is thus obvious, that the Rankine’s formula will give the value of its
crippling load (i.e. Wcr)

approximately equal to the crippling load by Euler’s formula (i.e. WE
). Thus, we see that Rankine’s

formula gives a fairly correct result for all cases of columns, ranging
from short to long columns.

From equation (i), we know that L = Equivalent length of the column,
and

k = Least radius of gyration.

The following table gives the values of crushing stress and Rankine’s
constant for various

materials.
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krom equation (§), we know that
'1=1+1=’E+ﬁ-'c
W, W, Wy WoxWg
WexWy W,
Vo =Werme |, Jc

e
Now substituting the value of W, and ¥ in the above equation, we have
wo—_ %Xx4 _  oxd (e T= AR

1+—ﬁ‘wﬁ‘“‘[‘ 1+ 0 x ‘ﬂ:

n-ET nE Ak
__o.%x4 _ Crushing load

(L (LY

1+a le] l+a |‘¥t

where ¢, = Crushing stress or yield stress in compression,

A = Cross-sectional area of the column,

o 0.
a = Rankine’s constant = ——.
n E°

Johnson’s Formulae for Columns
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Prof. ] B. Johnson proposed the following two formula for short columns.
1. Straight Iine formula. According to straight lme formmla proposed by Johnson, the cnfical

or crippling load 13 )
2o, (L a, L']
_d|o,-2x|= dlo,-C ]
e [“-‘ i [k] 3{':.:5] | ][I:.
where A = Cross-sectional area of column.
@, = Yield pomnt siress,
lg, | o,

G im Y 3CE

= A constant, whose value depends upon the type of matenal as well as
. the type of ends, and
L
- Slendemess ratio.
If the safe stress (W__ / A) 1s plotted agamst slendemess ratio (L / k), 1t works out to be a straight
line, so 1t 15 known as straight line formula.
1. Parabelic formula. Prof. Johnson after propoesing the straight line formmla found that the
results uhtmn&dbﬂr this fornmla are very approxmmate. He then proposed another formmla, according
to which the cntical or crippling lnad,

y {5 |r"L“|'
= dxa, i '
W |_ TI1cmEL with usual notations.

If a curve of safe stress (W__ / 4) 1z plotted agamst (L / k), 1t works out to be a parabolic, so1t1s
known as parabohic formmla

Fig. 16.4 shows the relabonship of safe stress (W_ / 4} and the slenderness ratio (L / k) as given
by Johnson's formmla and Euler’s formmla for a cohmm made of muld steel with both ends hinged
(i.e. C'=1), having a yield strength ¢ = 210 MPa. We see from the figure that pomnt 4 (the point of

rbetween the Johnson's straight line formula and Euler’s formula) describes the use of two

formmlae. In other words, Johnson's straight Ime formmla may be used when L/ k = 130 and the
Euler’s formmla 15 wsed when L / k= 180.
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UNIT II
DESIGN OF CYLINDER,
PISTON AND
CONNECTING ROD
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Principal Parts of an Engine

The principal parts of an I.C engine, as shown in Fig. 32.1 are as follows :

1. Cylinder and cylinder liner, 2. Piston, piston rings and piston pin or gudgeon pin, 3. Connecting rod
with small and big end bearing, 4. Crank, crankshaft and crank pin, and 5. Valve gear mechanism.

The design of the above mentioned principal parts are discussed, in detail, in the following
pages.

Spark plug

Valve spring

Exhaust manifold

Inlet manifold

Tnlet valve Exhaust valve

Cylinder.

Piston rings

Water jacket

Gudgeon pin

Piston

Cam
Crank shaft
Crank case

Wy o ﬁ Crank

Fig. 32.1. Internal combustion engine parts.

32.3 Cylinder and Cylinder Liner

The function of a cylinder is to retain the working fluid and to guide the piston. The cylinders are
usually made of cast iron or cast steel. Since the cylinder has to withstand high temperature due to the
combustion of fuel, therefore, some arrangement must be provided to cool the cylinder. The single
cylinder engines (such as scooters and motorcycles) are generally air cooled. They are provided with
fins around the cylinder. The multi-cylinder engines (such as of cars) are provided with water jackets
around the cylinders to cool it. In smaller engines. the cylinder, water jacket and the frame are
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made as one piece, but for all the larger engines, these parts are manufactured separately. The
cylinders are provided with cylinder liners so that in case of wear, they can be easily replaced. The
cylinder liners are of the following two types :

1. Dry liner, and 2. Wet liner.

Water |

: N Water
jackets

jackets

)

| Dry liner _~ Wet liner

\

{a) Dry liner. (b) Wet liner.
Fig. 32.2. Dry and wet liner.

A cylinder liner which does not have any direct contact with the engine cooling water, is
known as dry liner, as shown in Fig. 32.2 (a). A cylinder liner which have its outer surface in
direct contact with the engine cooling water, is known as wet liner, as shown in Fig. 32.2 (b).

The cylinder liners are made from good quality close grained cast iron (i.e. pearlitic cast
iron), nickel cast iron, nickel chromium cast iron. In some cases, nickel chromium cast steel with
molybdenum may be used. The inner surface of the liner should be properly heat-treated in order
to obtain a hard surface to reduce wear.

Design of a Cylinder

In designing a cylinder for an I. C. engine, it is required to determine the following values :

1. Thickness of the cylinder wall. The cylinder wall is subjected to gas pressure and the
piston side thrust. The gas pressure produces the following two types of stresses :

(a) Longitudinal stress, and (b) Circumferential stress.

Piston ring seals the piston to

Camshaft controls the “ prevent gases escaping

valves i
. T8 Lo . Lt
Y L T Cairintake

Valve lets fuel and air in and
‘\ exhaust gases out

)
Alternator

Belt drives alternator to supply
electricity to spark plugs.

Crankshaft turns the Dip stick to check oil level

piston action into rotation Sump is filled with oil to

reduce friction
Oil is pumped up into

Piston cylinders to lubricate pistons

The above picture shows crankshaft, pistons and cylinder of a 4-stroke petrol engine.
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Since these two stressess act at right angles to each other, therefore, the net stress in each
direction is reduced.
The piston side thrust tends to bend the cylinder wall, but the stress in the wall due to side thrust
is very small and hence it may be neglected.
Let Po= Outside diameter of the cylinder in mm,
D = Inside diameter of the cylinder in mm,
p = Maximum pressure inside the engine cylinder in N/mml,
t= Thickness of the cylinder wall in mm, and
1/m = Poisson’s ratio. It is usually taken as 0.25.
The apparent longitudinal stress is given by
m 2 )
_ Force 4-D -p D™ .p

] = = Z Z
(Dy) - D

Area m 2 )
4(Dg) - D]
and the apparent circumferential stresss is given by

O¢=Force =D-1-p = D-p
Area 2t-1 2t
... (where / is the length of the cylinder and area is the projected area)

g

.. Net longitudinal stress = 0] — _ni

. . g

and net circumferential stress  =0¢ =

The thickness of a cylinder wall (7) is usually obtained by using a thin cylindrical formula,i.e.,
- D
1= L + C

20, 5
where p = Maximum pressure inside the cylinder in N/mm",

D = Inside diameter of the cylinder or cylinder bore in mm,

Oc = Permissible circumferential or hoop stress for the cylinder material
in MPa or N/mm”. Its value may be taken from 35 MPa to
100 MPa depending upon the size and material of the cylinder.
C = Allowance for reboring.
The allowance for reboring (C ) depending upon the cylinder bore (D) for I. C. engines is
given in the following table :
Table 32.1. Allowance for reboring for I. C. engine cylinders.

D (mm) 75 100 150 200 250 300 350 400 450 500
C (mm) 1.5 2.4 4.0 6.3 8.0 9.5 11.0 12.5 12.5 12.5

The thickness of the cylinder wall usually varies from 4.5 mm to 25 mm or more depending
upon the size of the cylinder. The thickness of the cylinder wall (#) may also be obtained from the
following empirical relation, i.e.

t=0.045D + 1.6 mm
The other empirical relations are as follows :
Thickness of the dry liner
=0.03D1t00.035D
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Thickness of the water jacket wall
=0.032 D + 1.6 mm or ¢ / 3 m for bigger cylinders and 3¢ /4 for
smaller cylinders
Water space between the outer cylinder wall and inner jacket wall
=10 mm for a 75 mm cylinder to 75 mm for a 750 mm
cylinder or 0.08 D + 6.5 mm
2. Bore and length of the cylinder. The bore (i.e. inner diameter) and length of the cylinder
may be determined as discussed below :

. . . 2
Let pm = Indicated mean effective pressure in N/mm
D = Cylinder bore in mm,

A = Cross-sectional area of the cylinder in mmz,
=T D2/4
/= Length of stroke in metres,
N = Speed of the engine in r.p.m., and
n = Number of working strokes per min
= N, for two stroke engine
= N/2, for four stroke engine.

We know that the power produce;i i}iSide the engine cylinder, i.e. indicated power,
. . . n

[P=m  watts
60

From this expression, the bore (D) and length of stroke (/) is determined. The length of
stroke is generally taken as 1.25 D to 2D.

Since there is a clearance on both sides of the cylinder, therefore length of the cylinder is
taken as 15 percent greater than the length of stroke. In other words,

Length of the cylinder, L = 1.15 x Length of stroke = 1.15 /
Notes : (a) If the power developed at the crankshaft, i.e. brake power (B. P.) and the mechanical efficiency
(N of the engine is known, then

B.P.

LP.= nm

(b) The maximum gas pressure ( p ) may be taken as 9 to 10 times the mean effective pressure ( p;,).

3. Cylinder flange and studs. The cylinders are cast integral with the upper half of the crank-
case or they are attached to the crankcase by means of a flange with studs or bolts and nuts. The
cylinder flange is integral with the cylinder and should be made thicker than the cylinder wall. The
flange thickness should be taken as 1.2 ¢ to 1.4 ¢, where ¢ is the thickness of cylinder wall.

The diameter of the studs or bolts may be obtained by equating the gas load due to the maximum
pressure in the cylinder to the resisting force offered by all the studs or bolts. Mathematically,

2
T.p% p=n- T\
4 s 4 ¢ T
where D = Cylinder bore in mm,

. . 2
p = Maximum pressure in N/mm ",
n
s = Number of studs. It may be taken as 0.01 D + 4 t0 0.02 D + 4

de = Core or minor diameter, i.e. diameter at the root of the thread in
mm,
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a; = Allowable tensile stress for the material of studs or bolts in MPa
2
or N/mm’. It may be taken as 35 to 70 MPa.

The nominal or major diameter of the stud or bolt (d ) usually lies between 0.75 ¢7to ¢ where f7is
the thickness of flange. In no case, a stud or bolt less than 16 mm diameter should be used.

The distance of the flange from the centre of the hole for the stud or bolt should not be less
than d + 6 mm and not more than 1.5 d, where d is the nominal diameter of the stud or bolt.

In order to make a leak proof joint, the pitch of the studs or bolts should lic between 19%/d to

28.5\/2 where d is in mm.

4. Cylinder head. Usually, a separate cylinder head or cover is provided with most of the
engines. It is, usually, made of box type section of considerable depth to accommodate ports for
air and gas passages, inlet valve, exhaust valve and spark plug (in case of petrol engines) or
atomiser at the centre of the cover (in case of diesel engines).

The cylinder head may be approximately taken as a flat circular plate whose thickness (zj)
may be determined from the following relation :

Crp-
t=D
h a,

where D = Cylinder bore in mm,

. . . . 2
p = Maximum pressure inside the cylinder in N/mm",

0. = Allowable circumferential stress in MPa or N/mm . It may be
taken as 30 to 50 MPa, and

C = Constant whose value is taken as 0.1.
The studs or bolts are screwed up tightly alongwith a metal gasket or asbestos packing to provide
a leak proof joint between the cylinder and cylinder head. The tightness of the joint also depends
upon the pitch of the bolts or studs, which should lie between lg_ dto2 8.5/3. The pitch circle

diameter (Dp) is usually taken as D + 3d. The studs or bolts are designed in the same way as
discussed above.

Example 32.1. 4 four stroke diesel engine has the following specifications :

Brake power = 5 kW ; Speed = 1200 r.p.m. ; Indicated mean effective pressure = 0.35 N /
mm ; Mechanical efficiency = 80 %.

Determine : 1. bore and length of the cylinder ; 2. thickness of the cylinder head ; and 3. size
of studs for the cylinder head.

Ignition 4-Stroke Petrol Engine
Inlet Csa{sstgya Spark plug Hot gases expand and force Terminal
va\lve - Piston spark \\ 4 Exhaust \ A/, Y BB Een, . Ceramic @{
0 / Crankshaft \E: 4, valve . :€ J AL insulator--4E 1
. a1 "\ - J
5 ) " ] Spark plug |
] " ’ ’ casing=at If
" j . | » Central 1| {
"5 A | ?‘ﬂ ( electrode =
I \,\, ér \;"4- \ 'r ’ Screw ]
"» p, 3R L 2 ) flttlng 3 1
n "J . } - Earth !
electrode
1. Intake 2. Compression 3. Power 4. Exhaust, 5. Spark plug
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Solution. Given: B.P. = SkW = 5000 W ; N=1200r.p.m.orn =N/2=600;
p, =035 N/mm’;n, =80%=0.8
1. Bore and length of cylinder

Let D = Bore of the cylinder in mm,

A = Cross-sectional area of the cylinder =

N =
S
8
B

[ = Length of the stroke in m.
=1.5Dmm=1.5D/1000m ....(Assume)
We know that the indicated power,
LP=B.P./n, =5000/0.8=6250 W
We also know that the indicated power (/.P.),
6250 Pn-lAn _ 035 1.5D-TD°-600 _ 415 107 p°

60 60 - 1000 - 4
...(Q For four stroke engine, n = N/2)

D3 =6250/4.12 x 10_3:1517X 103orD:115 mm Ans.
and [=15D=15%x115=172.5mm

Taking a clearance on both sides of the cylinder equal to 15% of the stroke, therefore length
of the cylinder,

L =1.157/=1.15x%172.5 =198 say 200 mm Ans.
2. Thickness of the cylinder head
Since the maximum pressure ( p) in the engine cylinder is taken as 9 to 10 times the mean

effective pressure ( py,), therefore let us take

P=9p,=9x0.35=3.15 N/mm">
We know that thickness of the cyclinder head,

D
t = }QB =115/ 21315 _ g 9 say 10 mm Ans.
h g 42

.(Taking C= 0.1 and 0, = 42 MPa = 42 N/mm°)
3. Size of studs for the cylinder head
Let d = Nominal diameter of the stud in mm,

d. = Core diameter of the stud in mm. It is usually taken as 0.84 d.
a; = Tensile stress for the material of the stud which is usually nickel
steel.

ng = Number of studs.
We know that the force acting on the cylinder head (or on the studs)

—n- D% po mw(11573.15=32702N (D)
4 4

The number of studs (ng ) are usually taken between 0.01 D+ 4 (i.e. 0.01 x 115+ 4 =5.15) and
0.02 D +4 (i.e. 0.02 x 115+ 4= 6.3). Let us take ng = 6.
We know that resisting force offered by all the studs

ng- m(d ) 0; —6-m(0.84d) 65=216d°N i)
4 4

...(Taking g, = 65 MPa = 65 N/mmz)
From equations (7) and (ii),

af2 =32702/216=151ord=12.3 say 14 mm
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The pitch circle diameter of the studs (Dp) is taken D + 3d.

Dy =115+3x 14 =157 mm
We know that pitch of the studs

m- D .
Dy T e o mm
fg
We know that for a leak-proof joint, the pitch of the studs should lie between 9 d to 28.5\5'_,
where d is the nominal diameter of the stud.

.. Minimum pitch of the studs
=19dF 19 14=/71.1 mm and

maximum pitch of the studs

=28.5=28.5 14/= 106.6mm
Since the pitch of the studs obtained above (i.e. 82.2 mm) lies within 71.1 mm and 106.6
mm, therefore, size of the stud (d ) calculated above is satisfactory.
d = 14 mm Ans.

32.5 Piston

The piston is a disc which reciprocates within a cylinder. It is either moved by the fluid or it
moves the fluid which enters the cylinder. The main function of the piston of an internal
combustion engine is to receive the impulse from the expanding gas and to transmit the energy to
the crankshaft through the connecting rod. The piston must also disperse a large amount of heat
from the combustion chamber to the cylinder walls.

Piston head
o1 crown
t
Top land
(M)
Grooves for
Ring COMPIession rings
section
Groove for
g Piston oil control ring
boss
L4
Piston barrel
Skirt L . Circlip Piston
i pin do \
7 I,
4
y 2

Fig. 32.3. Piston for I.C. engines (Trunk type).
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The piston of internal combustion engines are usually of trunk type as shown in Fig. 32.3.
Such pistons are open at one end and consists of the following parts :

1. Head or crown. The piston head or crown may be flat, convex or concave depending upon
the design of combustion chamber. It withstands the pressure of gas in the cylinder.

2. Piston rings. The piston rings are used to seal the cyliner in order to prevent leakage of
the gas past the piston.

3. Skirt. The skirt acts as a bearing for the side thrust of the connecting rod on the walls of
cylinder.

4. Piston pin. 1t is also called gudgeon pin or wrist pin. 1t is used to connect the piston to the
connecting rod.
32.6 Design Considerations for a Piston
In designing a piston for I.C. engine, the following points should be taken into consideration :
. It should have enormous strength to withstand the high gas pressure and inertia forces.
. It should have minimum mass to minimise the inertia forces.
. It should form an effective gas and oil sealing of the cylinder.

. It should provide sufficient bearing area to prevent undue wear.

. It should have high speed reciprocation without noise.

1

2

3

4

5. It should disprese the heat of combustion quickly to the cylinder walls.

6

7. It should be of sufficient rigid construction to withstand thermal and mechanical distortion.
8

. It should have sufficient support for the piston pin.
32.7 Material for Pistons

The most commonly used materials for pistons of [.C. engines are cast iron, cast aluminium,
forged aluminium, cast steel and forged steel. The cast iron pistons are used for moderately rated

|

]
i
|

[} Spark plug

Carburettorug
Twin-cylinder
aeroplane engine

Cylinder head

Propeller
2. Side view

1. Front view

Twin cylinder airplane engine of 1930s.
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engines with piston speeds below 6 m /s and aluminium alloy pistons are used for highly rated en-
gines running at higher piston sppeds. It may be noted that

1. Since the *coefficient of thermal expansion for aluminium is about 2.5 times that of cast
iron, therefore, a greater clearance must be provided between the piston and the cylinder wall
(than with cast iron piston) in order to prevent siezing of the piston when engine runs continuously
under heavy loads. But if excessive clearance is allowed, then the piston will develop ‘piston slap’
while it is cold and this tendency increases with wear. The less clearance between the piston and
the cylinder wall will lead to siezing of piston.

2. Since the aluminium alloys used for pistons have high **heat conductivity (nearly four
times that of cast iron), therefore, these pistons ensure high rate of heat transfer and thus keeps
down the maximum temperature difference between the centre and edges of the piston head or
crown.

Notes: (a) For a cast iron piston, the temperature at the centre of the piston head (7¢) is about 425°C to 450°C
under full load conditions and the temperature at the edges of the piston head (7E) is about 200°C to 225°C.

(b) For aluminium alloy pistons, 7 is about 260°C to 290°C and T is about 185°C to 215°C.

3. Since the aluminium alloys are about ***three times lighter than cast iron, therfore, its
mechanical strength is good at low temperatures, but they lose their strength (about 50%) at
temperatures above 325°C. Sometimes, the pistons of aluminium alloys are coated with
aluminium oxide by an electrical method.

32.8 Piston Head or Crown

The piston head or crown is designed keeping in view the following two main considerations, i.

i

1.1t should have adequate strength to withstand the straining action due to pressure of
explosion inside the engine cylinder, and

2. It should dissipate the heat of combustion to the cylinder walls as quickly as possible.

On the basis of first consideration of straining action, the thickness of the piston head is
determined by treating it as a flat circular plate of uniform thickness, fixed at the outer edges and
subjected to a uniformly distributed load due to the gas pressure over the entire cross-section.

The thickness of the piston head (¢ ), according to Grashoff’s formula is given by

3p.D
t = (in mm) ..()
H 167
. . . 2
where p =Maximum gas pressure or explosion pressure in N/mm ",

D = Cylinder bore or outside diameter of the piston in mm, and

0; = Permissible bending (tensile) stress for the material of the piston
in MPa or N/mm . It may be taken as 35 to 40 MPa for grey cast
iron, 50 to 90 MPa for nickel cast iron and aluminium alloy and
60 to 100 MPa for forged steel.

On the basis of second consideration of heat transfer, the thickness of the piston head should
be such that the heat absorbed by the piston due combustion of fuel is quickly transferred to the
cylinder walls. Treating the piston head as a flat ciucular plate, its thickness is given by

_ "
tg = 1256k (Tc -~ TE) (in mm) ...(#)

*  The coefficient of thermal expansion for aluminium is 0.24 x 1076 m/ °C and for cast iron it is 0.1 x 1076 m/°C.
**  The heat conductivity for aluminium is 174.75 W/m/°C and for cast iron it is 46.6 W/m /°C.

*** The density of aluminium is 2700 kg / m3 and for cast iron it is 7200 kg / m3.
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where H = Heat flowing through the piston head in kJ/s or watts,
k = Heat conductivity factor in W/m/°C. Its value is 46.6 W/m/°C for
grey cast iron, 51.25 W/m/°C for steel and 174.75 W/m/°C for
aluminium alloys.

Tc = Temperture at the centre of the piston head in °C, and
Tg = Temperature at the edges of the piston head in °C.
The temperature difference (7¢c — Tg) may be taken as 220°C for cast iron and 75°C for aluminium.
The heat flowing through the positon head (/) may be deternined by the following expression, ie.,
H=C xHCV xm x B.P. (in kW)

where C = Constant representing that portion of the heat supplied to the engine

which is absorbed by the piston. Its value is usually taken as
0.05.

HCYV = Higher calorific value of the fuel in kJ/kg. It may be taken as 45

X 103 kl/kg for diesel and 47 x 103 kJ/ kg for petrol,
m = Mass of the fuel used in kg per brake power per second, and
B.P. = Brake power of the engine per cylinder

Notes : 1. The thickness of the piston head (¢g) is calculated by using equations (i) and (#) and larger of the
two values obtained should be adopted.
2. When #f7 is 6 mm or less, then no ribs are required to strengthen the piston head against gas loads.

But when #f is greater then 6 mm, then a suitable number of ribs at the centre line of the boss extending
around the skirt should be provided to distribute the side thrust from the connecting rod and thus to prevent

distortion of the skirt. The thickness of the ribs may be takes as #;y/ 3 to 1y / 2.
3. For engines having length of stroke to cylinder bore (L / D) ratio upto 1.5, a cup is provided in the
top of the piston head with a radius equal to 0.7 D. This is done to provide a space for combustion chamber.

32.9 Piston Rings

The piston rings are used to impart the necessary radial pressure to maintain the seal between
the piston and the cylinder bore. These are usually made of grey cast iron or alloy cast iron
because of their good wearing properties and also they retain spring characteristics even at high
temperatures. The piston rings are of the following two types :

1. Compression rings or pressure rings, and
2. Oil control rings or oil scraper.

The compression rings or pressure rings are inserted in the grooves at the top portion of the
piston and may be three to seven in number. These rings also transfer heat from the piston to the
cylinder liner and absorb some part of the piston fluctuation due to the side thrust.

The oil control rings or oil scrapers are provided below the compression rings. These rings
provide proper lubrication to the liner by allowing sufficient oil to move up during upward stroke
and at the same time scraps the lubricating oil from the surface of the liner in order to minimise
the flow of the oil to the combustion chamber.

The compression rings are usually made of rectangular cross-section and the diameter of the
ring is slightly larger than the cylinder bore. A part of the ring is cut- off in order to permit it to go
into the cylinder against the liner wall. The diagonal cut or step cut ends, as shown in Fig. 32.4 (a)
and (b) respectively, may be used. The gap between the ends should be sufficiently large when the
ring is put cold so that even at the highest temperature, the ends do not touch each other when the
ring expands, otherwise there might be buckling of the ring.
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N\

Thickness
-

Gap

Diameter ——— o

b) Step cut.
() Diagonal cut. (b) Step ¢
Fig. 32.4. Piston rings.

The radial thickness (¢1) of the ring may be obtained by considering the radial pressure
between the cylinder wall and the ring. From bending stress consideration in the ring, the radial

thickness is given by
t =D /—3 Pw
1 Yi

where D = Cylinder bore in mm, 5
pw = Pressure of gas on the cylinder wall in N/mzrn . Its value is
limited from 0.025 N/mm’  to 0.042 N/mm , and

0; = Allowable bending (tensile) stress in MPa. Its value may be taken
from 85 MPa to 110 MPa for cast iron rings.

The axial thickness (¢7 ) of the rings may be taken as 0.7 ¢ to #7.

The minimum axial thickness (¢7 ) may also be obtained from the following empirical relation:

t =
2 10npg
where nR = Number of rings.

The width of the top land (i.e. the distance from the top of the piston to the first ring groove)
is made larger than other ring lands to protect the top ring from high temperature conditions
existing at the top of the piston,

. Width of top land,
by =tgto 1.2ty
The width of other ring lands (i.e. the distance between the ring grooves) in the piston may

be made equal to or slightly less than the axial thickness of the ring (#7).
.. Width of other ring lands,

by =0.75trtoty

The depth of the ring grooves should be more than the depth of the ring so that the ring does
not take any piston side thrust.

The gap between the free ends of the ring is given by 3.5 #1 to 4 #1. The gap, when the ring is
in the cylinder, should be 0.002 D to 0.004 D.

32.10 Piston Barrel

It is a cylindrical portion of the piston. The maximum thickness (#3) of the piston barrel may
be obtained from the following empirical relation :

3 =0.03D+b+4.5mm
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where b = Radial depth of piston ring groove which is taken as 0.4 mm larger
than the radial thickness of the piston ring (¢1)
=11+ 0.4 mm
Thus, the above relation may be written as
t3 =003D+ ¢ +49mm

The piston wall thickness (z4) towards the open end is decreased and should be taken as 0.25
t3t0 0.35 #3.
32.11 Piston Skirt

The portion of the piston below the ring section is known as piston skirt. In acts as a bearing
for the side thrust of the connecting rod. The length of the piston skirt should be such Ehat the
bearing pressure on the piston barrel due to the side thrust does not exceed 0.25 N/mm ~ of the

. . 2 . .
projected area for low speed engines and 0.5 N/mm'™ for high speed engines. It may be noted that
the maximum thrust will be during the expansion stroke. The side thrust (R) on the cylinder liner
is usually taken as 1/10 of the maximum gas load on the piston.

We know that maximum gas load on the piston,

p= er2

p 4

.. Maximum side thrust on the cylinder,
2
D
R=P10= 01p- 1o ()
. . 2
where p =Maximum gas pressure in N/mm , and

D = Cylinder bore in mm.
The side thrust (R) is also given by

R = Bearing pressure x Projected bearing area of the piston skirt
=pp * D xl
where /= Length of the piston skirt in mm. ...(i0)
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From equations (i) and (ii), the length of the piston skirt (/) is determined. In actual practice,
the length of the piston skirt is taken as 0.65 to 0.8 times the cylinder bore. Now the total length of
the piston (L) is given by

L = Length of skirt + Length of ring section + Top land

The length of the piston usually varies between D and 1.5 D. It may be noted that a longer piston

provides better bearing surface for quiet running of the engine, but it should not be made unnecessarily

long as it will increase its own mass and thus the inertia
forces. N,
32.12 Piston Pin

The piston pin (also called gudgeon pin or wrist pin)
is used to connect the piston and the connecting rod. It is

777777

usually made hollow and tapered on the inside, the smallest

Fig.32.5. Piston pin.
inside diameter being at the centre of the pin, as shown in Fig. 32.5. The
piston pin passes through the bosses provided on the inside of the piston skirt and the bush of the
small end of the connecting rod. The centre of piston pin should be 0.02 D to 0.04 D above the
centre of the skirt, in order to off-set the turning effect of the friction and to obtain uniform
distribution of pressure between the piston and the cylinder liner.
The material used for the piston pin is usually case hardened steel alloy containing nickel,
chromium, molybdenum or vanadium having tensile strength from 710 MPa to 910 MPa.

Piston

Circlip

7
\//

Circlip

Fig. 32.6. Full floating type piston pin.

The connection between the piston pin and the small end of the connecting rod may be made
either full floating type or semi-floating type. In the full floating type, the piston pin is free to turn
both in the *piston bosses and the bush of the small end of the connecting rod. The end
movements of the piston pin should be secured by means of spring circlips, as shown in Fig. 32.6,
in order to prevent the pin from touching and scoring the cylinder liner.

In the semi-floating type, the piston pin is either free to turn in the piston bosses and rigidly
secured to the small end of the connecting rod, or it is free to turn in the bush of the small end of
the connecting rod and is rigidly secured in the piston bosses by means of a screw, as shown in
Fig. 32.7

¢ The piston pin should be designed for the maximum gas load or the inertia force of the piston,
whichever is larger. The bearing area of the piston pin should be about equally divided between the
piston pin bosses and the connecting rod bushing. Thus, the length of the pin in the connecting rod
bushing will be about 0.45 of the cylinder bore or piston diameter (D), allowing for the end clearance

*  The mean diameter of the piston bosses is made 1.4 d( for cast iron pistons and 1.5 dg for aluminium

pistons, where dg is the outside diameter of the piston pin. The piston bosses are usually tapered,
increasing the diameter towards the piston wall.
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of the pin etc. The outside diameter of the piston pin (dy ) is determined by equating the load on

the piston due to gas pressure (p) and the load on the piston pin due to bearing pressure ( pp1 ) at
the small end of the connecting rod bushing.

Locking Small end of Locking screw
scrcw\ connecting rod Piston pin
Piston pin
// //
Z
Tk
i %
/ Piston boss
(a) Piston pin secured to the small (b) Piston pin secured to the boss
end of the connecting rod. of the piston.

Fig. 32.7. Semi-floating type piston pin.
Let dy = Outside diameter of the piston pin in mm

1} = Length of the piston pin in the bush of the small end of the
connecting rod in mm. Its value is usually taken as 0.45 D.

P »1 = Bearing pressure at the small end of the connecting rod bushing in
N/mmz. Its value for the bronze bushing may be taken as 25 N/mm2.
We know that load on the piston due to gas pressure or gas load

2
mD
= 7 P (@)

and load on the piston pin due to bearing pressure or bearing load

= Bearing pressure X Bearing area =pp1 X dg * [1 ...(#D)
From equations () and (ii), the outside diameter of the piston pin (dy) may be obtained.
The piston pin may be checked in bending by assuming the gas load to be uniformly
distributed over the length /| with supports at the centre gf
the bosses at the two ends. From Fig. 32.8, we % Piston

find that the length between the supports, a hoss L ;’"F‘)ﬁgllng
D_l [ +D g ) S
1= I+ I= 1 e &
2 1 2 2 Pis i H
. . 1ston i o 1
Now maximum bending moment at the  pin | o di
centre of the pin, »

7777

LTI
i
i

4
= 14+ _ -1 =_pPD ...(iii)
8
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We have already discussed that the piston pin is made hollow. Let dy and d; be the outside
and inside diameters of the piston pin. We know that the section modulus,
4 4
T (dp)  —(di)

Z=132 do

We know that maximum bending moment, A
L ) —(d )
M=2.0o b= 5 —7ag—0b
0

where gp = Allowable bending stress for the material of the piston pin. It is
usually taken as 84 MPa for case hardened carbon steel and
140 MPa for heat treated alloy steel.

Assuming d; = 0.6 d, the induced bending stress in the piston pin may be checked.

Example 32.2. Design a cast iron piston for a single acting four stroke engine for the following
data:

Cylinder bore = 100 mm ; Strolzce = 125 mm ; Maximum gas pressure = 5 N/mm2 s Indicated
mean effective pressure = 0.75 N/mm~ ; Mechanical efficiency = 80% ; Fuel consumption = 0.15 kg
per brake power per hour ; Higher calorific value of fuel = 42 x 10" kJ/kg ; Speed = 2000 r.p.m.

Any other data required for the design may be assumed.

Solution. Given : D =100 mm ; L=125mm =0.125m ; p =5 N/mm2 ;Pm=0.75 N/mmz;
Nm =80% =0.8;m=0.15kg/BP/h=41.7 x 10_6kg/BP/s;HCV:42 x 103kJ/kg;N:
2000 r.p.m.

The dimensions for various components of the piston are determined as follows :
1. Piston head or crown

The thickness of the piston head or crown is determined on the basis of strength as well as on
the basis of heat dissipation and the larger of the two values is adopted.
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We know that the thickness of piston head on the basis of strength,

o] o]
3p.D 3-5(100)
t = = =15.7 say 16 mm
H 16 0, 16 - 38

...(Taking 0y for cast iron = 38 MPa = 38 N/mmz)
Since the engine is a four stroke engine, therefore, the number of working strokes per
minute, n=N/2=2000/2 = 1000
and cross-sectional area of the cylinder,

2 2

A=T D=, T (100" — 7855 mm >
4 4

We know that indicated power,

jp=Pmn-L.An — 0.75: 0.125: 7855 :1000 = 12 270 W
60 60
=12.27 kW
.. Brake power, BP=IP xn, =12.27x0.8=9.8 kW .(Qn, =BP/IP)

We know that the heat flowing through the piston head,
H=C xHCV xm x BP
=0.05 x 42 x 103 x 41.7 x 10_6 % 9.8=0.86 kW = 860 W
..{Taking C = 0.05)
..Thickness of the piston head on the basis of heat dissipation,
H 860

tH = 1256 k(Tc-Tg) = 12.56-46.6-220 =0.0067 m = 6.7 mm

...(Q For cast iron , k=46.6 W/m/°C, and T¢ — Tg = 220°C)
Taking the larger of the two values, we shall adopt

tg = 16 mm Ans.

Since the ratio of L /D is 1.25, therefore a cup in the top of the piston head with a radius equal
t0 0.7 D (i.e. 70 mm) is provided.

2. Radial ribs
The radial ribs may be four in number. The thickness of the ribs varies from #y/ 3 to t5/ 2.
.. Thickness of the ribs, tfr =16 /3 to 16/ 2 =5.33 to 8 mm

Let us adopt R =7 mm Ans.
3. Piston rings

Let us assume that there are total four rings (i.e. n,- = 4) out of which three are compression
rings and one is an oil ring.

We know that the radial thickness of the piston rings,

{1 =D /ﬂ :10Q/%=3.4mm

.(Taking p,, = 0.035 N/mm”, and 0, = 90 MPa)
and axial thickness of the piston rings
l

2=0.7¢1to#1=0.7%3.4t0 3.4 mm=2.38 to 3.4 mm
Let us adopt 2 =3 mm
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We also know that the minimum axial thickness of the pistion ring,
D 100
277900, 10 4
Thus the axial thickness of the piston ring as already calculated (i.e. £ =3 mm)is satisfactory.
Ans. The distance from the top of the piston to the first ring groove, i.e. the width of the top land,

b1=tgto 1.2¢tg=16t0 1.2 x 16 mm =16 to 19.2 mm
and width of other ring landsl,}
2=0.75tpt0 tp=0.75x3to 3mm =2.25to 3 mm
Let us adopt b1 =18 mm ; and by = 2.5 mm Ans.
We know that the gap between the free ends of the ring,

G1=3.5¢t1t04¢1=3.5%x34t04*%x3.4mm=11.9to 13.6 mm
and the gap when the ring is in the cylinder,

G2=10.002 D to 0.004 D =0.002 x 100 to 0.004 x 100 mm
=0.2to 0.4 mm

Let us adopt G1=12.8 mm ; and G = 0.3 mm Ans.
4. Piston barrel

= 2.5mm

Since the radial depth of the piston ring grooves (b) is about 0.4 mm more than the radial
thickness of the piston rings (¢1), therefore,
b=t1+04=34+04=3.8mm
We know that the maxirlnum thickness of barrel,

3=0.03D+bH+45mm=0.03x 100+ 3.8+4.5=11.3 mm
and piston wall thickness towards the open end,
L

4=0.25¢3t00.3513=0.25x 11.3t0 0.35x 11.3 =2.8 to 3.9 mm

Let us adopt 14=3.4 mm
5. Piston skirt
Let /= Length of the skirt in mm.

We know that the maximum side thrust on the cylinder due to gas pressure ( p ),

2 2
R=p. ™. p=oa ﬂl—og)— . 5=3928 N
...(Taking p = 0.1)
We also know that the side thrust due to bearing pressure on the piston barrel ( pp ),
R=ppxDx[=045%x100%[=45]N

From above, we find that

45 1=3928 or /=13928/ 45 = 87.3 say 90

, ...(Taking pp = 0.45 N/mm”)
mm Ans. .. Total length of the piston,

L = Length of the skirt + Length of the ring section + Top land
=1+ (41np+3b)+b
=90+ (4x3+3x3)+18=129say 130 mm Ans.

6. Piston pin
Let do= Outside diameter of the pin in mm,
/1= Length of pin in the bush of the small end of the connecting rod in
mm, and

www.vidyarthiplus.com



www. Vi dyart hi pl us. con

bl = Bearing pressure at the small end of the connecting rod bushing in
N/mm”. It value for bronze bushing is taken as 25 N/mm .
We know that load on the pin due to bearing pressure
= Bearing pressure X Bearing area = pp1 X dg % [
=25xdp*x0.45x100=1125dyN ...(Taking /| = 0.45 D)
We also know that maximum load on the piston due to gas pressure or maximum gas load
2 2
I - THOL s5_39275N
From above, we find that
1125dy=39275 ordy=39 275/ 1125 =34.9 say 35 mm Ans.
The inside diameter of the pin (d;) is usually taken as 0.6 d.
d; =0.6 x 35=21 mm Ans.
Let the piston pin be made of heat treated alloy steel for which the bending stress ( 0p )may
be taken as 140 MPa. Now let us check the induced bending stress in the pin.
We know that maximum bending moment at the centre of the pin,

P.D 39275100 3
M="g = 8 = 491-10° N-mm
We also know that maximum bending moment (M),
LT (d0)4 = (d ) m (35)4 - (21)4
491 x 10 =§ T ap : 3—2 T g p,=3664 0o

Gp =491 x 10° / 3664 = 134 N/mm> or MPa

Since the induced bending stress in the pin is less than the permissible value of 140 MPa (i.e.

140 N/mm), therefore, the dimensions for the pin as calculated above (i.e. d =35 mm and d=21 mm)

. 0
are satisfactory. !
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32.13 Connecting Rod

The connecting rod is the intermediate member between the piston and the crankshaft. Its primary
function is to transmit the push and pull from the piston pin to the crankpin and thus convert the reciprocating
motion of the piston into the rotary motion of the crank. The usual form of the connecting rod in internal
combustion engines is shown in Fig. 32.9. It consists of a long shank, a small end and a big end. The cross-
section of the shank may be rectangular, circular, tubular, /-section or H-section. Generally circular section is
used for low speed engines while /-section is preferred for high speed engines.

f
[A

H=1.1Hto 1.25H

g,/m

H,=0.75 Hto 0.9H

Ty
B = 4t—» L—B PR
= Castle nut
- E Bolt
Eé‘ 3 — Phosplior bronze
»n B bush
A 1
— v
l
- ;
2 H=>51 "'j t
p [ — ]
' Small end
B= 4t
Bigend | o ]
Fig. 32.9. Connecting rod.

The *length of the connecting rod ( / ) depends upon the ratio of / / r, where 7 is the radius of
crank. It may be noted that the smaller length will decrease the ratio // ». This increases the angularity
of the connecting rod which increases the side thrust of the piston against the cylinder liner which in
turn increases the wear of the liner. The larger length of the connecting rod will increase the ratio / / r.
This decreases the angularity of the connecting rod and thus decreases the side thrust and the resulting
wear of the cylinder. But the larger length of the connecting rod increases the overall height of the
engine. Hence, a compromise is made and the ratio / / r is generally kept as 4 to 5.

The small end of the connecting rod is usually made in the form of an eye and is provided
with a bush of phosphor bronze. It is connected to the piston by means of a piston pin.

The big end of the connecting rod is usually made split (in two **halves) so that it can be
mounted easily on the crankpin bearing shells. The split cap is fastened to the big end with two cap
bolts. The bearing shells of the big end are made of steel, brass or bronze with a thin lining (about 0.75
mm) of white metal or babbit metal. The wear of the big end bearing is allowed for by inserting thin
metallic strips (known as shims) about 0.04 mm thick between the cap and the fixed half of the
connecting rod. As the wear takes place, one or more strips are removed and the bearing is trued up.

* Tt is the distance between the centres of small end and big end of the connecting rod.
**  One half is fixed with the connecting rod and the other half (known as cap) is fastened with two cap bolts.
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The connecting rods are usually manufactured by drop forging process and it should have
adequate strength, stiffness and minimum weight. The material mostly used for connecting rods
varies from mild carbon steels (having 0.35 to 0.45 percent carbon) to alloy steels (chrome-nickel
or chrome-molybdenum steels). The carbon steel having 0.35 percent carbon has an ultimate
tensile strength of about 650 MPa when properly heat treated and a carbon steel with 0.45 percent
carbon has a ultimate tensile strength of 750 MPa. These steels are used for connecting rods of
industrial engines. The alloy steels have an ultimate tensile strength of about 1050 MPa and are
used for connecting rods of acroengines and automobile engines.

The bearings at the two ends of the connecting rod are either splash lubricated or pressure
lubricated. The big end bearing is usually splash lubricated while the small end bearing is pressure
lubricated. In the splash lubrication system, the cap at the big end is provided with a dipper or
spout and set at an angle in such a way that when the connecting rod moves downward, the spout
will dip into the lubricating oil contained in the sump. The oil is forced up the spout and then to
the big end bearing. Now when the connecting rod moves upward, a splash of oil is produced by
the spout. This splashed up lubricant find its way into the small end bearing through the widely
chamfered holes provided on the upper surface of the small end.

In the pressure lubricating system, the lubricating oil is fed under pressure to the big end bearing
through the holes drilled in crankshaft, crankwebs and crank pin. From the big end bearing, the oil is fed to
small end bearing through a fine hole drilled in the shank of the connecting rod. In some cases, the small end
bearing is lubricated by the oil scrapped from the walls of the cyinder liner by the oil scraper rings.

32.14 Forces Acting on the Connecting Rod

The various forces acting on the connecting rod are as follows :

1. Force on the piston due to gas pressure and inertia of the reciprocating parts,

2. Force due to inertia of the connecting rod or inertia bending forces,

3. Force due to friction of the piston rings and of the piston, and

4. Force due to friction of the piston pin bearing and the crankpin bearing.

We shall now derive the expressions for the forces acting on a vertical engine, as discussed below.
1. Force on the piston due to gas pressure and inertia of reciprocating parts

Consider a connecting rod PC as shown in Fig. 32.10.

Fp Piston
— Piston pin
FN—» T )A‘/
..
i)/\p— Connecting rod tb
Wi \
-
‘;\ C FP" QFC
Top dead "~.
centre (T.ND.C) ——™ hy Pl
> ‘rank pin :
07 Crank |
FN
Bottom dead
centre (B.D.C) w

Fig. 32.10. Forces on the connecting rod.
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Compressed Sﬁ)srk
Rotor fuel-air mix plug
Fuel-air

mix in

1. Induction : turning
rotor sucks in mixture of
petrol and air.

out

3. Ignition: Compressed 4. Exhuast : the rotor
fuel-air mixture is ignited continues to turn and

2. Compression: Fuel-air
mixture is compressed as
rotor carriers it round. by the spark plug. pushed out waste
gases.
Let p = Maximum pressure of gas,
D = Diameter of piston,
V)

mD
47

A = Cross-section area of piston =

mpR = Mass of reciprocating parts, i
= Mass of piston, gudgeon pin etc. + 3 rd mass of connecting rod,
w = Angular speed of crank,

¢ = Angle of inclination of the connecting rod with the line of

stroke, 8 = Angle of inclination of the crank from top dead centre,
7 = Radius of crank,

/= Length of connecting rod, and

n = Ratio of length of connecting rod to radius of crank =7/ r.
We know that the force on the piston due to pressure of gas,

2
I =Pressure x Area=p. A=p xmD
/4 and inertia force of reciprocating parts,

] P cos 20

Mass x *Acceleration= g . .7 cos 6

n
It may be noted that the inertia force of reciprocating parts opposes the force on the piston

when it moves during its downward stroke (i. e. when the piston moves from the top dead centre
to bottom dead centre). On the other hand, the inertia force of the reciprocating parts helps the
force on the piston when it moves from the bottom dead centre to top dead centre.

.. Net force acting on the piston or piston pin (or gudgeon pin or wrist pin),

Fp =Force due to gas pressure m Inertia force
=FLmF]

The —ve sign is used when piston moves from TDC to BDC and +ve sign is used when
piston moves from BDC to TDC.

When weight of the reciprocating parts (WR = mpR . g) is to be taken into consideration, then
m
Fp=F, Fit WR

cos 260

*  Acceleration of reciprocating parts = w r cos 8 +

Top
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Internal Combustion Engine Parts = 1147

The force Fp gives rise to a force F¢ in the connecting rod and a thrust F on the sides of the
cylinder walls. From Fig. 32.10, we see that force in the connecting rod at any instant,

Fp Fp

Fc = = 2
cos @ \/1_ sin_ 6

n?2

The force in the connecting rod will be maximum when the crank and the connecting rod are
perpendicular to each other (i.e. when 8 = 90°). But at this position, the gas pressure would be de-
creased considerably. Thus, for all practical purposes, the force in the connecting rod (F¢) is
taken equal to the maximum force on the piston due to pressure of gas (F1), neglecting piston
inertia effects.

2. Force due to inertia of the connecting rod or inertia bending forces

Consider a connecting rod PC and a crank OC rotating with uniform angular velocity w rad / s. In
order to find the accleration of various points on the connecting rod, draw the Klien’s acceleration
diagram CQONO as shown in Fig. 32.11 (a). CO represents the acceleration of C towards O and NO
represents the accleration of P towards O. The acceleration of other points such as D, E, F and G etc.,
on the connecting rod PC may be found by drawing horizontal lines from these points to intresect CN at
d, e, f, and g respectively. Now dO, €O, fO and gO respresents the acceleration of D, E, F and G all
towards O. The inertia force acting on each point will be as follows:

. 2
Inertia forceat C=m xw x CO
Inertia forceat D =m x W x dO

. 2
Inertia force at E=m x W x e0, and so on.

M dO

me?CO

Mo NO b : N

T \
mlwzr % % Jx

*
e I \ C
3 % .
!

" [ (,'JZI'

| x

Re

(h) {c)
Fig. 32.11. Inertia bending forces.

The inertia forces will be opposite to the direction of acceleration or centrifugal forces. The
inertia forces can be resolved into two components, one parallel to the connecting rod and the other
perpendicular to rod. The parallel (or longitudinal) components adds up algebraically to the force

*  For derivation, please refer ot Authors’ popular book on ‘Theory of Machines’.
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acting on the connecting rod (Fc) and produces thrust on the pins. The perpendicular (or
transverse) components produces bending action (also called whipping action) and the stress
induced in the connecting rod is called whipping stress.

It may be noted that the perpendicular components will be maximum, when the crank and
connecting rod are at right angles to each other.

The variation of the inertia force on the connecting rod is linear and is like a simply
supported beam of variable loading as shown in Fig. 32.11 () and (c). Assuming that the
connecting rod is of uniform cross-section and has mass m1 kg per unit length, therefore,

Inertia force per unit length at the caankpin

=myxw r
and inertia force per unit length at the piston
pin=0
Inertia force due to small element of length dx at a distance x from the piston pin P,
X
dF| =m xwzrx [ x dx
.. Resultant inertia force,

2
! 2 X m W rx !
FI=_‘m1~w r- J-dx -7 [ _ T2
0 0
;2 2 o
=N wr=Mm-wr ...(Substituting m - [ = m)
2 2 1
This resultant inertia force acts at a distance of 2// 3 from the piston pin P.
1
Since it has been assumed that 3 rd mass of the connecting rod is concentrated at piston pin P
2

(i.e. small end of connecting rod) and 3 rd at the crankpin (i.e. big end of connecting rod), therefore,
the reaction at these two ends will be in the same proportion.

1
ie.Rp="3 F1,andRc= 3 F]

Honeycomb
coated with
metal catalysts

To exhaust

Co Carbon monoxide
CO,, Carbon dioxide
NOy Nitrous oxides
HC Hydrocarbons
N2 Nitrogen

Metal casing H20 Water

Emissions of an automobile.
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Now the bending moment acting on the rod at section X — X at a distance x from P,

1 X
M =Rp - -x—*m w r- oL lx 2
x ! 2" 3
1 m .l ) x
bFox_ —= —
=31 2w r- 3l
...(Multiplying and dividing the latter expression by /)
3
F-x X 3 F X
= — -F—5 =—x- —; ..()
3 3/ 3 l
For maximum bending moment, differentiate Mx with respect to x and equate to zero, i.e.
dMX F 3
MA =0or 1 - =0
dx 3 7

3x2 )

24 2
1= 4* =0or 3x :lzorx: 75
Maximum bending moment,

pizi

max —

...[From equation (#)]

m / [

=2. 2-W 98 =m-wrqf3
and the maximum bending stress, (jitge to inertia of the connecting rod,

max
max —
VA

where Z = Section modulus.

From above we see that the maximum bending moment varies as the square of speed, therefore,
the bending stress due to high speed will be dangerous. It may be noted that the maximum axial force
and the maximum bending stress do not occur simultaneously. In an I.C. engine, the maximum gas load
occurs close to top dead centre whereas the maximum bending stress occurs when the crank angle 6 =
65° to 70° from top dead centre. The pressure of gas falls suddenly as the piston moves from dead
centre. Thus the general practice is to design a connecting rod by assuming the force in the
connecting rod (FC) equal to the maximum force due to pressure (FL), neglecting piston inertia
effects and then checked for bending stress due to inertia force (i.e. whipping stress).

3. Force due to friction of piston rings and of the piston

The frictional force ( F') of the piston rings may be determined by using the following expression

F=mD-tR-nR-pr-
M where D = Cylinder bore,
tR = Axial width of rings,

*  B.M. due to variable force from 0to m; w? - x is equal to the area of triangle multiplied by the distance

X i

of C.G. from X-Xie. -
3
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nR = Number of rings, 5
PR = Pressure of rings (0.025 to 0.04 N/mm ),
and P = Coefficient of friction (about 0.1).

Since the frictional force of the piston rings is usually very small, therefore, it may be
neglected.

The friction of the piston is produced by the normal component of the piston pressure which
varies from 3 to 10 percent of the piston pressure. If the coefficient of friction is about 0.05 to
0.06, then the frictional force due to piston will be about 0.5 to 0.6 of the piston pressure, which is
very low. Thus, the frictional force due to piston is also neglected.

4. Force due to friction of the piston pin bearing and crankpin bearing

The force due to friction of the piston pin bearing and crankpin bearing, is to bend the
connecting rod and to increase the compressive stress on the connecting rod due to the direct load.
Thus, the maximum compressive stress in the connecting rod will be

O¢ (max) = Direct compressive stress + Maximum bending or whipping
stress due to inertia bending stress

32.15 Design of Connecting Rod
In designing a connecting rod, the following dimensions are required to be determined :
1. Dimensions of cross-section of the connecting rod,
2. Dimensions of the crankpin at the big end and the piston pin at the small end,
3. Size of bolts for securing the big end cap, and
4. Thickness of the big end cap.
The procedure adopted in determining the above mentioned dimensions is discussed as below :

Evaporators change
liquid hydrogen to gas

Fuel tank

Engine

This experimental car burns hydrogen fuel in an ordinary piston engine. Its exhaust gases cause no pollution,
because they contain only water vapour.
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1. Dimensions of cross-section of the connecting rod

A connecting rod is a machine member which is subjected to alternating direct compressive
and tensile forces. Since the compressive forces are much higher than the tensile forces, therefore,
the cross-section of the connecting rod is designed as a strut and the Rankine’s formula is used.

A connecting rod, as shown in Fig. 32.12, subjected to an axial load # may buckle with X-
axis as neutral axis (i.e. in the plane of motion of the connecting rod) or Y-axis as neutral axis (i.e.
in the plane perpendicular to the plane of motion). The connecting rod is considered like both ends
hinged for buckling about X-axis and both ends fixed for buckling about Y-axis.
A connecting rod should be equally strong in buckling about both the axes.
Let A = Cross-sectional area of the connecting rod,
/= Length of the connecting rod,
a. = Compressive yield stress,
Wg = Buckling load,
Iyx and I;,,= Moment of inertia of the section about X-axis and Y-axis
respectively, and

kxx and ky,, = Radius of gyration of the section about X-axis and Y-axis

respectively.
According to Rankine’s formula,
WB about X - axis = OLC A = = .Al z ...(Q For both ends hinged, L =)
l+a — l+a —
and Wpg about Y — axis = Oc.4 = Oc A ...[Q For both ends fixed, L =£ ]
L 2 I 2 2
l+a — 1+a
k 2k
»y w
where L = Equivalent length of the connecting rod, and

a = Constant
=1/7500, for mild steel
=1/9000, for wrought iron
=1/1600, for cast iron

Fig. 32.12. Buckling of connecting rod.

In order to thave a connecting rod equally strong in buckling about both the axes, the

buckling loads must be equal, i.e.

2 2
g..4 O..4 l /
l T l 2 or Kxx :‘Kyy
l+a — 1+a
K ZK
xx »
I
2 2
kxxz :4kyy or xx = 4[W A(QI=4-k)

Top
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This shows that the connecting rod is four times Flange
strong in buckling about Y-axis than about X-axis. If I, * o
>4] s then buckling will occur about Y- axis and if ///Z’Q;Z// Z 7 T Cn\ / /»j:l
Iix < 4 1, buckling will occur about X-axis. In actual 7 T }

practice, Iy, is kept slightly less than 4 ;,,. It is usually
taken between 3 and 3.5 and the connecting rod is
designed for bucking about X-axis. The design will
always be satisfactory for buckling about Y-axis.

The most suitable section for the connecting
rod is /-section with the proportions as shown in
Fig. 32.13 (a).

Let thickness of the flange and web of the
section = ¢

Width of the section, B=4 ¢
and depth or height of the section,

H =5t
From Fig. 32.13 (a), we find that area of the section,

2
A=2@tx)+3txt=11¢
Moment of inertia of the section about X-axis,

h)

Fig. 32.13. [-section of connecting rod.

41

1 3 3
Joa=12 41(5t) =-3t(3t) = 12

4 . . . .
t and moment of inertia of the section about Y-axis,

1 31 3 131 4
l}y =2 - (4t) +_(3t)t ="
12 12 12
1
xx 419 12
7T = T =32
»y 12 131

1
Since the value of _xx_lies between 3 and 3.5, therefore, /-section chosen is quite satisfactory.

1

W
After deciding the proportions for /-section of the connecting rod, its dimensions are

determined by considering the buckling of the rod about X-axis (assuming both ends hinged) and
applying the Rankine’s formula. We know that buckling load,

— g4
WB = L )
lyak x
The buckling load (#g) may be calculated by using the following relation,
i.e. WB=Max. gas force x Factor of safety
The factor of safety may be taken as 5 to 6.

Notes : (a) The I-section of the connecting rod is used due to its lightness and to keep the inertia forces as
low as possible specially in case of high speed engines. It can also withstand high gas pressure.

(b) Sometimes a connecting rod may have rectangular section. For slow speed engines, circular section
may be used.

(¢) Since connecting rod is manufactured by forging, therefore the sharp corner of /-section are
rounded off as shown in Fig. 32.13 () for easy removal of the section from dies.
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The dimensions B =4t and H = 5 ¢, as obtained above by applying the Rankine’s formula,
are at the middle of the connecting rod. The width of the section (B) is kept constant throughout
the length of the connecting rod, but the depth or height varies. The depth near the small end (or

piston end) is taken as H] = 0.75 H to 0.9H and the depth near the big end (or crank end) is taken
Hy=1.1Hto 1.25H.
2. Dimensions of the crankpin at the big end and the piston pin at the small end

Since the dimensions of the crankpin at the big end and the piston pin (also known as
gudgeon pin or wrist pin) at the small end are limited, therefore, fairly high bearing pressures have
to be allowed at the bearings of these two pins.

The crankpin at the big end
has removable precision bearing
shells of brass or bronze or steel
with a thin lining (1 mm or less)
of bearing metal (such as tin, lead,
babbit, copper, lead) on the inner
surface of the shell. The allowable
bearing pressure on the crankpin
depends upon many factors such '

as material of the bearing,
viscosity of the lubricating oil,
method of lubrication and the
space limitations.The value of
bearing pressure may be taken
as 7N/mm” to 12.5 N/mm”
depending upon the material and
method of lubrication used. Engine of a motorcyle.

The piston pin bearing is usually a phosphor bronze bush of about 3 mm thickness and the

allowable bearing pressure may be taken as 10.5 N/mm’ to 15 N/mmz.

Since the maximum load to be carried by the crankpin and piston pin bearings is the
maximum force in the connecting rod (F(), therefore the dimensions for these two pins are
determined for the maximum force in the connecting rod (F¢) which is taken equal to the
maximum force on the piston due to gas pressure (FT ) neglecting the inertia forces.

We know that maximum gas force,

2
F=TD ., ()
L 4
where D = Cylinder bore or piston diameter in mm, and

. . 2
p = Maximum gas pressure in N/mm
Now the dimensions of the crankpin and piston pin are determined as discussed below

: Let d, = Diameter of the crank pin in mm,
Il = Length of the crank pin in mm,
Pbe = Allowable bearing pressure in N/mmz, and
dp, I and pp, = Corresponding values for the piston pin,
We know that load on the crank pin
= Projected area x Bearing pressure

=d..l..ppc ..(if) Similarly, load on the piston pin

=dp.lp.pbp ...(iii)

www.vidyarthiplus.com



www. Vi dyart hi pl us. con

Equating equations (7) and (if), we have

FL =dclc" pbe
Taking /.= 1.25 d. to 1.5 d, the value of d. and /. are determined from the above
expression. Again, equating equations (f) and (i), we have
FL =dplp-pp
Taking [, = 1.5 dp to 2 d, the value of dp, and [, are determined from the above expression.
3. Size of bolts for securing the big end cap
The bolts and the big end cap are subjected to tensile force which corresponds to the inertia
force of the reciprocating parts at the top dead centre on the exhaust stroke. We know that inertia
force of the reciprocating parts,

2 cos 20
F="R®.r cos 0 +

I I/r
We also know that at the top dead centre, the angle of inclination of the crank with the line
of stroke, 8 =0

2 r
1= mp.w .rl+ -
/
where mR = Mass of the reciprocating parts in kg,

w = Angular speed of the engine in rad / s,
r = Radius of the crank in metres, and
!/ = Length of the connecting rod in metres.
The bolts may be made of high carbon steel or nickel alloy steel. Since the bolts are under
repeated stresses but not altzrnating stresses, therefore, a factor of safety may be taken as 6.

Let ¢ = Core diameter of the bolt in mm,

0O, = Allowable tensile stress for the material of the bolts in MPa, and

- Force on the bolts np = Number of bolts. Generally two bolts are used.

“Td Yo-n
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Equating the inertia force to the force on the bolts, we have

I 2
Fi =4 (dep) O¢ np
From this expression, dp is J)btained. The nominal or major diameter (dp) of the bolt is given by
b
dp = ¢

0.84
4. Thickness of the big end cap
The thickness of the big end cap (¢.) may be determined by treating the cap as a beam freely
supported at the cap bolt centres and loaded by the inertia force at the top dead centre on the
exhaust stroke (i.e. FT when 6 =0). This load is assumed to act in between the uniformly
distributed load and the centrally concentrated load. Therefore, the maximum bending moment
acting on the cap will be taken as

M =* F1-x
C 6
where x = Distance between the bolt centres.

= Dia. of crankpin or big end bearing (d.) + 2 x Thickness of bearing
liner (3 mm) + Clearance (3 mm)

Let be = Width of the cap in mm. It is equal to the length of the crankpin or
big end bearing (/..), and

0p = Allowable bending stress for the material of the cap in MPa.
We know that section modulus for the cap,

2
b(t,)
ZC: (6
M, F-x 6 Foex
.. Bending stress, O " Zc =76 b))

From this expression, the value of 7. is obtained.
Note: The design of connecting rod should be checked for whipping stress (i.e. bending stress due to inertia
force on the connecting rod).

Example 32.3. Design a connecting rod for an 1.C. engine running at 1800 r.p.m. and

developing a maximum pressure of 3.15 N/mm . The diameter of the piston is 100 mm ; mass of
the reciprocating parts per cylinder 2.25 kg; length of connecting rod 380 mm; stroke of piston
190 mm and compression ratio 6 : 1. Take a factor of safety of 6 for the design. Take length to
diameter ratio for big end bearing as 1.3 and small end bearing as 2 and the corresponding

bearing pressures as 10 N/mm  and 15 N/mm . The density of material of the rod may be taken as

3 2
8000 kg/m™ and the allowable stress in the bolts as 60 N/mm™ and in cap as 80 N/mm". The rod is
to be of [-section for which you can choose your own proportions.

Draw a neat dimensioned sketch showing provision for lubrication. Use Rankine formula for

2
which the numerator constant may be taken as 320 N/mm' and the denominator constant 1/ 7500.

*  We know that the maximum bending moment for a simply or freely supported beam with a uniformly

distributed load of F over a length x between the supports (In this case, x is the distance between the cap bolt

- X

centres) is —1°=  When the load Fyisassumed to act at the centre of the freely supported beam, then

8 F,

X
the maximum bending moment is —1=% Thus the maximum bending moment in between these two bending
4
Frx Fi-x Fr-x
8 4 6
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. 2
Solution. Given : N= 1800 r.p.m. ; p = 3.15 N/mm ; D= 100 mm ; mg = 2.25 kg ; [ =380
mm = 0.38 m ; Stroke = 190 mm ; *Compression ratio=6:1; F. S. = 6.

The connecting rod is designed as

. X
discussed below : _L
1. Dimension of I- section of the connecting rod [ﬁ///////: //;//% !
Let us consider an /-section of the 77 _T_

connecting rod, as shown in Fig. 32.14 (a), with H=5:X /r// X 3t
the following proportions : )

Flange and web thickness of the section = ¢
Width of the section, B = 4¢
and depth or height of the section,
H=5¢
First of all, let us find whether the section
chosen is satisfactory or not.

Fig. 32.14

We have already discussed that the connecting rod is considered like both ends hinged for
buckling about X-axis and both ends fixed for buckling about Y-axis. The connecting rod should
be equally strong in buckling about both the axes. We know that in order to have a connecting rod
equally strong about both thg axes

aually strong 75y g
XX vy
where Iy = Moment of inertia of the section about X-axis, and
I, = Moment of inertia of the section about Y-axis.

In actual practice, Iy is kept slightly less than 4 7). It is usually taken between 3 and 3.5 and
the connecting rod is designed for buckling about X-axis.

Now, for the section as shown in Fig. 32.14 (a), area of the section,

A =204txt)+3txi=117
;o= Laresy =306 =419

w12 12
and I =2 _1-t(4t)3+ A 3. 2 =ﬁz4
o 12 12 12
w o= 419. 12 - 32
', 12 131

1
Since — = 3.2, therefore the section chosen in quite satisfactory.

w

Now let us find the dimensions of this /-section. Since the connecting rod is designed by
taking the force on the connecting rod (F() equal to the maximum force on the piston (F[)) due to
gas pressure, therefore,

nD” (100) ,
Fc=FL= 4 -p= " 4 -315=24740N

We know that the connecting rod is designed for buckling about X-axis (i.e. in the plane of
motion of the connecting rod) assuming both ends hinged. Since a factor of safety is given as 6,
therefore the buckling load,

Wg = Fcx F.S. =24 740 x 6= 148 440 N

*  Superfluous data
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We know that radius of gyration of the section about X-axis,

f_xx 419 ¢ 1
= A4 = 12 11t =1.78¢

Ky =
Length of crank,
7= Stroke of piston = 190 = 95 mm
2 2
Length of the connecting rod,
/=380 mm ...(Given)
.. Equivalent length of the connecting rod for both ends hinged,
L=1=380mm
Now according to Rankine’s formula, we know that buckling load (/#R),
o, A 320117
148440= L ° = 1 380 °
1+a — 14 — ——
Fxx 7500 178 ¢
... (It is given that 0= 320 MPa or N/mm2 and a = 1/7500)
148440 1¢° 114
320 6.1 ¢ - 6.1
2
I+ ¢
464 (£ +6.1)=11¢"
or 42207 2573=0
2 422+ \/ (422)7 + 4- 2573 422+ 53
t = P = ) =47.6
... (Taking +ve sign)
or t =6.9say 7mm

Thus, the dimensions of /-section of the connecting rod are :
Thickness of flange and web of the section
=t =7 mm Ans.
Width of the section, B=4¢=4 x7=28 mm Ans.
and depth or height of the section,
H =5¢t=5x7=35mm Ans.

Piston and connecting rod.
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These dimensions are at the middle of the connecting rod. The width (B) is kept constant through-
out the length of the rod, but the depth (H) varies. The depth near the big end or crank end is kept as
1.1H to 1.25H and the depth near the small end or piston end is kept as 0.75H to 0.9H. Let us take

Depth near the big end,
H;=12H=12x%35=42mm
and depth near the small end,
Hy=0.85H=0.85 x 35=29.75 say 30 mm
.. Dimensions of the section near the big end
=42 mm X 28 mm
Ans. and dimensions of the section near the small end
=30 mm X 28 mm Ans.

Since the connecting rod is manufactured by forging, therefore the sharp corners of /-section
are rounded off, as shown in Fig. 32.14 (), for easy removal of the section from the dies.

2. Dimensions of the crankpin or the big end bearing and piston pin or small end bearing

Let d. = Diameter of the crankpin or big end bearing,
I.= length of the crankpin or big end bearing = 1.3 d. ...(Given)
p 4, = Bearing pressure = 10 N/mm ...(Given)

We know that load on the crankpin or big end bearing
= Projected area X Bearing pressure
=dode. ppe=de*x13d.*x10=13 (dc)2

Since the crankpin or the big end bearing is designed for the maximum gas force (1),
therefore, equating the load on the crankpin or big end bearing to the maximum gas force, i.e.
13(d) :FL =24740 N

(d, )'=24740/13=1903 or d ,=43.6 say 44 mm Ans.

and ‘e=1.3d.= 13 x 44 = 57.2 say 58 mm Ans.
The big end has removable precision bearing shells of brass or bronze or steel with a thin
lining (Imm or less) of bearing metal such as babbit.

Again, let dp= Diameter of the piston pin or small end bearing,
I, = Length of the piston pin or small end bearing = 2d,, ...(Given)
. Z
p » = Bearing pressure = 15 N/mm ..(Given)

We know that the load on the piston pin or small end bearing
= Project area x Bearing pressure
2
=dp . ly.ppp=dp*2dy,*x15=30 (dp)

Since the piston pin or the small end bearing is designed for the maximum gas force (F),
therefore, equating the load on the piston pin or the small end bearing to the maximum gas force,

ie.
30(d) =24 740N
r
(d)*=24740/30=2825 or d ) =28.7 say 29 mm Ans.
P

and 'y=2d,=2x29="53 mm Ans.
The small end bearing is usually a phosphor bronze bush of about 3 mm thickness.
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3. Size of bolts for securing é‘he big end cap

Let ct= Core diameter of the bolts,
0t = Allowable tensile stress for the material of the bolts
=60 N/mmz ...(Given)
and np= Number of bolts. Generally two bolts are used.

We know that force on the bolts
2

“Ta Vo on - T )260.2-9426(d )
4  cb t b 4 cb cb
The bolts and the big end cap are subjected to tensile force which corresponds to the inertia

force of the reciprocating parts at the top dead centre on the exhaust stroke. We know that inertia
force of the reciprocating parts,

2

cos 20

Fl =mp.w" .7 cosB 4+
l/r

We also know that at top dead centre on the exhaust stroke, 8 = 0.

2
2 r 2 11800 0.095
Fi=mg.w .rl +—l =225 60 0.095"* + 038 N
=9490 N

Equating the inertia force to the force on the bolts, we have

9490 =94.26 (d , Y2 or(d , 2=9490/94.26 = 100.7
dep =10.03 mm

and nominal diameter of the bolt,

cb 10.03
dp= 0.84 =084 =11.94
say 12 mm Ans.

4. Thickness of the big end cap

Let tc = Thickness of the big end cap,
b, = Width of the big end cap. It is
taken equal to the length of the
crankpin or big end bearing (/)
= 58 mm (calculated above)

» = Allowable bending stress for the
material of the cap

— 80 N/mm” .(Given)
The big end cap is designed as a beam freely
supported at the cap bolt centres and loaded by the
inertia force at the top dead centre on the exhaust stroke
(i.e. F1 when B = 0). Since the load is assumed to act in
between the uniformly distributed load and the centrally
concentrated load, therefore, maximum bending
moment is taken as

F -x
Mc =1
6
where x = Distance between the bolt centres
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= Dia. of crank pin or big end bearing + 2 x Thickness of bearing
liner + Nominal dia. of bolt + Clearance

= (do+2%x3+dp+3)mm=44+6+12+3 =065

mm .. Maximum bending moment acting on the cap,

Fi-x  9490-65

Mc = 6 = 6 =102 810 N-mm
Section modulus for the cap
2 2
ZC:bC(tC) . 58(10) :9-7(tc)2
6 6

We know that bending stress ( 0y ),
M

go— C — 102810 _ 10600

/
2 2
C 9.7(t.) (tc)
(t)° =10600/80=132.5 or t=11.5mm Ans.
c

c
Let us now check the design for the induced bending stress due to inertia bending forces on
the connecting rod (i.e. whipping stress).

We know that mass of the connecting rod per metre length,
m] = Volume X density = Area x length x density
2
—AxIxp =11f xIxp (QA=117
=11(0.007)" (0.38) 8000 = 1.64 kg

[Qp =8000 kg /m" (given)]
.. Maximum bending moment,

2
M =m UL)2 FXL=m w2 7 X ! Qm=m-1
. . . 9\/3 3 . 9/_3 .(Qm ml)
2
21 1800 2 (0.38)
=1.64 ———(0.095) — =513 Nm
60 w3
=51 300 N-mm
I
XX 41914 2 3 3 3
and section modulus, “=7512="_12 -5¢: 1397t =13.97x7 =4792 mm

.. Maximum bending stress (ji&duced ) due to inertia bending forces or whipping stress,

o _ omax . 51300 - 10.7N/mm2
b (max) L

xx 4792
Since the maximum bending stress induced is less than the allowable bending stress of 80

2 .
N/mm ", therefore the design is safe.
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UNIT Ill DESIGN OF CRANKSHAFT
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Balancing of I.C. engines

Engine balance refers to those factors in the design, production, engine
tuning, maintenance and the operation of an engine that benefit from
being balanced. Major considerations are:

. Balancing of structural and operational elements within an engine
« Longevity and performance

. Power and efficiency

. Performance and weight/size/cost

« Environmental cost and utility

. Noise/vibration and performance

This article is currently limited to structural and operational balance within
an engine in general, and balancing of piston engine components in
particular.

Piston engine balancing is a complicated subject that covers many areas in
the design, production, tuning and operation. The engine considered to be
well balanced in a particular usage may produce unacceptable level of
vibration in another usage for the difference in driven mass and mounting
method, and slight variations in resonant frequencies of the environment
and engine parts could be big factors in throwing a smooth operation off
balance. In addition to the vast areas that need to be covered and the
delicate nature, terminologies commonly used to describe engine balance
are often incorrectly understood and/or poorly defined not only in casual
discussions but also in many articles in respected publications.

Internal combustion piston engines, by definition, are converter devices to
transform energy in intermittent combustion into energy in mechanical
motion. A slider-crank mechanismis used in creating a chemical reaction on
fuel with air (compression and ignition), and converting the energy into
rotation (expansion). The intermittent energy source combined with the
nature of this mechanism make the engine naturally vibration-prone. Multi-
cylinder configuration and many of the engine design elements are
reflections of the effort to reduce vibrations through the act of balancing.

This article is organized in six sections:
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. "ltems to be balanced"
lists the balancing elements to establish the basics on the causes of
imbalance.

. "Types of vibration"
lists different kinds of vibration as the effects of imbalance.

« "Primary balance"
discusses the term "Primary balance".

. "Secondary balance"

explains what Secondary balance is, and how the confusing
terminologies 'Primary' and 'Secondary' came into popular use.

« "Inherent balance"
goes into engine balance discussions on various multi-cylinder
configurations.

« "Steam locomotives"

is an introduction to the balancing of 2-cylinder locomotives and
includes the wheel hammer effect unique to steam locomotives.

There are many factors that can contribute to engine imbalance, and there
are many ways to categorize them. The following categories will be used for
the purposes of this discussion. In the category descriptions, 'Phase’ refers
to the timing on the rotation of crankshaft, 'Plane’ refers to the location on
the crankshaft rotating axis, and 'CG' refers to the center of gravity.

« Mechanical

. Static Balance - Static balance refers to the balancing of weight and
the location of CG on moving parts.

1. Reciprocating mass - e.g. Piston and connecting rod weight and CG

uniformity.

2. Rotating mass - e.g. Crank web weight uniformity and flywheel

eccentricity (or lack there of)
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« Dynamic Balance - In order for a mass to start moving from rest
or change direction, it needs to be accelerated. A force is
required to accelerate a mass. According to Newton's 3rd law of
motion, there will be an counter force in the opposite direction
of equal size. Dynamic balance refers to the balancing of these
forces and forces due to friction.

All accelerations of a mass can be divided into two components in
opposite directions. For example, in order for a piston in a single
cylinder engine to be accelerated upward, something must receive
(support) the downward force, and it is usually the mass of the entire
engine that moves downward a bit as there is no counter-moving
piston. This means one cause of engine vibration usually appears in
two opposing directions. Often the movement or deflection in one
direction appears on a moving mass, and the other direction appears
on the entire engine, but sometimes both sides appear on moving
parts, e.g. a torsional vibration in a crankshaft, or a push-pull cyclic
stress in a chain or connecting rod. In other cases, one side is a
deflection of a static part, the energy in which is converted into heat
and dissipated into the coolant.

« Reciprocating mass - Piston mass needs to be accelerated and
decelerated, resisting a smooth rotation of a crankshaft. In addition
to the up-down movement of a piston, a connecting rod big end
swings left and right and up and down while it rotates. In order to
simplify the motion of a crank slider mechanism, the connecting
rod/piston assembly is generally divided into two mass groups, a
reciprocating mass, and a rotating mass. The big end of the rod is
generally said to be rotating while the small end is said to be
reciprocating. In truth, however, both ends both reciprocate and
rotate.

3. Phase balance - e.g. Pistons on 60 or 90° V6 without an offset

crankshaft reciprocate with unevenly spaced phases in a crank

rotation
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4. Plane balance - e.g. Boxer Twin pistons travel on two different
rotational planes of the crankshaft, which creates forces to rock the
engine on Z-axis" "

. Rotating mass
5. Phase balance - e.g. Imbalance in camshaft rotating mass can
generate a vibration with a frequency equal to once in 2 crank
rotations in a 4 cycle engine
6. Plane balance - e.g. Boxer Twin crankshaft without counterweights
rocks the engine on Z-axis
7. Torsional balance - If the rigidity of crank throws on an inline 4
cylinder engine is uniform, the crank throw farthest from the clutch
surface (usually called cylinder #1) normally shows the biggest
torsional deflection. It is usually impossible to make these deflections
uniform across multiple cylinders except on a radial engine.
SeeTorsional vibration

. 8. Static mass - A single cylinder 10 HP engine weighing a ton is
very smooth, because the forces that comprise its imbalance in
operation must move a large mass to create a vibration.

As power to weight ratio is important in the design of an engine,
the weight of a crankcase, cylinder block, cylinder head, etc. (i.e.
static mass) are usually made as light as possible within the
limitations of strength, cost and safety margin, and are often
excluded in the consideration of engine balance.
However, most vibrations of an engine are small movements of the
engine itself, and are thus determined by the engine weight, rigidity,
location of CG, and how much its mass is concentrated around the CG.
These are crucial factors in engine dynamic balance, which is defined
for the whole engine in reciprocal and rotational movements as well
as in bending and twisting deflections on the X, Y and Z axis. All of
these are important factors in the design of engine mounts and the
rigidity of static parts.
It is important to recognize that some moving masses must be
considered a part of static mass depending on the kind of dynamic
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balance under consideration (e.g. camshaft weight in analyzing the Y-
axis"*® ! rotational vibration of an engine).

« Friction
9. Slide resistance balance - A piston slides in a cylinder with friction. A
ball in a ball bearing also slides as the diameter of inner and outer
laces are different and the distance of circumference differs from the
inside and out. When a ball bearing is used as the main bearing on a
crankshaft (which is rarely the case), eccentricity of the cage (lace)
normally create phase imbalance in slide friction. Friction forces for
shell bearings (the most common type of bearings) are dependent
upon diameter and width, which determine bearing surface area. This
needs to be balanced for the pressure and the rotational speed of the
load. Different main bearing sizes on a crankshaft create plane
imbalance in slide friction.
10. Rolling resistance balance - e.g. A ball in a ball bearing generates
friction while rolling in it's cage

SIGNIFICANCE OF FIRING ORDER

The firing order is the sequence of power delivery of each cylinder in
a multi-cylinder reciprocating engine.

This is achieved by sparking of the spark plugs in a gasoline engine
in the correct order, or by the sequence of fuel injection in a Diesel
engine. When designing an engine, choosing an appropriate firing
order is critical to minimizing vibration, to improve engine balance and
achieving smooth running, for long engine fatigue life and user
comfort, and heavily influences crankshaft design.

Cylinder numbering and firing orders for various engine layouts|edit]

In a straight engine the spark plugs (and cylinders) are numbered,
starting with #1, usually from the front of the engine to the rear.
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1-3-5-2-4 would be the firing order for this 5-cylinder radial engine.

In a radial engine the cylinders are numbered around the circle, with
the #1 cylinder at the top. There are always an odd number of
cylinders in each bank, as this allows for a constant alternate cylinder
firing order: for example, with a single bank of 7 cylinders, the order
would be 1-3-5-7-2-4-6. Moreover, unless there is an odd number of
cylinders, the ring cam around the nose of the engine would be
unable to provide the inlet valve open - exhaust valve open sequence
required by the four-stroke cycle.

The cylinder numbering scheme used by some manufacturers on
their V engines is based on "folding" the engine into an inline type.

In a V engine, cylinder numbering varies among manufacturers.

Generally speaking, the most forward cylinder is numbered 1, but
some manufacturers will then continue numbering along that bank
first (so that side of the engine would be 1-2-3-4, and the opposite
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bank would be 5-6-7-8) while others will number the cylinders from
front to back along the crankshaft, so one bank would be 1-3-5-7 and
the other bank would be 2-4-6-8. (In this example, a V8 is assumed).
To further complicate matters, manufacturers may not have used the
same system for all of their engines. It is important to check the
numbering system used before comparing firing orders, because the
order will vary significantly with crankshaft design (see crossplane).

As an example, the Chevrolet Small-Block engine has cylinders 1-3-
5-7 on the left hand side of the car, and 2-4-6-8 on the other side, and
uses a firing order of 1-8-4-3-6-5-7-2. Note that the order alternates
irregularly between the left and right banks; this is what causes the
'burbling' sound of this type of engine.!?

In most Audi and Ford V8 engines cylinders 1-2-3-4 are on the right
hand side of the car, with 5-6-7-8 are on the left.

This means that Chevy Generation 1 Small Block V8 engines and
Ford 302 V8s (5.8L, 5.0L, 7.5L) have an identical firing pattern
despite having a different firing order.

Likewise, the firing pattern is the same for Chevrolet & Chrysler V8
engines with a firing order of 1-8-4-3-6-5-7-2, and for Ford's V8
engines with a firing order of 1-5-4-2-6-3-7-8.

An exception is the Ford Flathead V8 where the number 1 cylinder is
on the right front of the engine (same as other Ford V8's) but this
cylinder is not the front cylinder of the engine. In this case number 5
Is the front cylinder. A similar situation exists with the Pontiac V8's
455 etc. where the cylinders are numbered like a Chevrolet V8 but
the right side bank is in front(like a Ford), this puts cylinder number 2
in front of number 1.

Crankshaft

A crankshatft (i.e. a shaft with a crank) is used to convert reciprocating
motion of the piston into

rotatory motion or vice versa. The crankshaft consists of the shaft parts
which revolve in the main
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bearings, the crankpins to which the big ends of the connecting rod are

connected, the crank arms or

webs (also called cheeks) which connect the crankpins and the shaft parts.

The crankshaft, depending

upon the position of crank, may be divided into the following two types :
1. Side crankshaft or overhung crankshaft, as shown in Fig. 32.15 (a),
2. And centre crankshaft

Design Procedure for Crankshaft

The following procedure may be adopted for designing a crankshatft.

1. First of all, find the magnitude of the various loads on the crankshatft.

2. Determine the distances between the supports and their position with
respect to the loads.

3. For the sake of simplicity and also for safety, the shaft is considered to be
supported at the

centres of the bearings and all the forces and reactions to be acting at these
points. The distances

between the supports depend on the length of the bearings, which in turn
depend on the diameter of

the shaft because of the allowable bearing pressures.

4. The thickness of the cheeks or webs is assumed to be from 0.4 ds to 0.6
ds, where ds is the

diameter of the shaft. It may also be taken as 0.22D to 0.32 D, where D is the
bore of cylinder in mm.

5. Now calculate the distances between the supports.

6. Assuming the allowable bending and shear stresses, determine the main
dimensions of the

crankshatft.

Notes: 1. The crankshaft must be designed or checked for at least two crank
positions. Firstly, when the crankshaft

IS subjected to maximum bending moment and secondly when the crankshaft
IS subjected to maximum

twisting moment or torque.

2. The additional moment due to weight of flywheel, belt tension and other
forces must be considered.
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3. It is assumed that the effect of bending moment does not exceed two
bearings between which a force is

considered.

32.20 Design of Centre Crankshaft

We shall design the centre crankshaft by considering the two crank
possitions, i.e. when the

crank is at dead centre (or when the crankshaft is subjected to maximum
bending moment) and when

the crank is at angle at which the twisting moment is maximum. These two
cases are discussed in

detail as below :

1. When the crank is at dead centre. At this position of the crank, the
maximum gas pressure on

the piston will transmit maximum force on the crankpin in the plane of the
crank causing only bending

of the shaft. The crankpin as well as ends of the crankshaft will be only
subjected to bending moment.

Thus, when the crank is at the dead centre, the bending moment on the shaft
IS maximum and the

twisting moment is zero.
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Let D) = Piston diameter or cylinder bore in mm,
p = Maximum intensity of pressure on the piston in N/mm?,
W = Weight of the flywheel acting downwards in N, and
*T, + T, = Resultant belt tension or pull acting horizontally in N.
The thrust in the connecting rod will be equal to the gas load on the piston (F}, ). We know that
gas load on the piston, _
s
Fp=gxD'xp
Due to this piston gas load (F}) acting horizontally, there will be two horizontal reactions H,
and f, at bearings 1 and 2 respectively, such that
Ed =
H]:E‘bq; EI]d H2=Ebb2
Due to the weight of the flywheel (¥} acting downwards, there will be two vertical reactions V,

and V5 at bearings 2 and 3 respectively, such that -
Wxg .

Wxe

v, = and V=

Now due to the resultant belt tension (7, + T}, acting horizontally. there will be two horizontal
reactions /1, and H," at bearings 2 and 3 respectively, such that

UL L VR US T

The resultant force at bearing 2 is given by
Ry =(Hy + Hf )" + (1)

and the resultant force at bearing 3 is given by

Ry = JiHy)? + (15)°

Now the various parts of the centre crankshaft are designed for bending only, as discussed
below:
(a) Design of crankpin

Let d_ = Diameter of the crankpin in mm,

1. = Length of the crankpin in mm,
‘5, = Allowahle bending stress for the crankpin in N/mm?.
We know that bending moment at the centre of the crankpin,
M, = H b A

We also know that

M = 35 (@) 0 )
From equations (/) and (&), diameter of the crankpin is determined. The length of the crankpin
15 given by

B
L=Tn
where p,, = Permissible bearing pressure in N/mm?.

(B) Design of left hand crank web

The crank web is designed for eccentric loading. There will be two stresses acting on the crank
weh, one is direct compressive stress and the other is bending stress due to piston gas load (Fp).
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‘Ow = Bonding stress In the radal direction, and
£ = Sortlon module - %:-: w.r

From equations (i} and (i), the value of bending siress. qy p 1= determined
The bending momes: duk o the @ngential component of £, = maximum & the jusciurs of

whze

rmnk and shaft Hisghven by |
o,
”r"“'[f—‘?] .t
d, = Shaft diameter af jpncture of right band crank arm, e at
bearieg 2.
Woalso knowthat My = cur %7 =t :-:-é;:-:r.u-: o [
where A, = Hondog stress in tangential direction
From equations (iof and A, the valee of bending stress 5 ks defermined
The dirert compressdve siresx |5 given by
5
% = Twr
The maximum comprasshve e i will occur ai the wpper left corner of the moss-section of
ihe cank.
B = O+ Oy 4+ 0,
Mow the bwisiing moment on the anm.
b II'.
r-ﬁm{m%j-ﬁ.a%-ﬂn[m-gj
ﬁtmhtmnm-:-_lhm - -
g AT
1:--':-"'r' w.r? .
wharo E'I,-I:'-:hrn-:unn-:dujm-—?;-
S Maximum or total combined stress.

A %»r—ﬂl;_ i) + i
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The thickness () of the cank web is gives empirically 2=
f=04dwibd
- 0.220w 0.320
- 0.65 4 + 635 mm
where d, = Skaft dameter o mm,
D - Bore diameter in mm, and
d, = Crankpin diameter in mm,
The widh of crank web (W) 1s Gken a5
w~11254d + 127 mm
We kaow ot maximym besding moment oa the cank web,

*-sin-3-3}
and section modalkes, .Z-%xmr‘
w5y

This teeal 2tress shoald be less than the pormissibic bonding stross.
(a IDesgn of rigle lkand aank web
The dimensons of the right land crank web (e thickness and width) are made equal to left
hand crank web from the balancisg poine of view.
(dh Design of stalt under dye Sywihed
Lat d, - Diameser of shaft In mm.
We know that bending moment due to the weight of flywheel
My = V5.6
aad bending moment due 1o belt tension,
My - H . g
Thesa two bending moments act at right angles to cach other. Tharefore, the mesekant beading
moment 2 the flywheel location,

M. = Jit 7 + () - J05 6V + ) @
Woabtmtbnhgmmxhﬂ
MS -‘ﬁ"dc),% — @
whare Gy = Allowahle bending stress in N'mm?.

From equations (i} and (4), we may determine the shaft diameter (d).
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The value of ( [c)max should be within safe limits. If it exceeds the safe
value, then the dimension
w may be increased because it does not affect other dimensions.
(e) Design of left hand crank web
Since the left hand crank web is not stressed to the extent as the right hand
crank web, therefore,
the dimensions for the left hand crank web may be made same as for right
hand crank web.
() Design of crankshaft bearings
The bearing 2 is the most heavily loaded and should be checked for the safe
bearing pressure.
We know that the total reaction at the bearing 2,
E W T+T
RE = TF + ? + %
RE

. 'ing pre =
. Total bearing pressure I, .d

where I, = Length of bearing 2.

Design a plain carbon steel centre crankshaft for a single acting four stroke
single cylinder engine for the following data:

Bore = 400 mm ; Stroke = 600 mm ; Engine speed = 200 r.p.m. ; Mean
effective pressure = 0.5

N/mm2; Maximum combustion pressure = 2.5 N/mm2; Weight of flywheel
used as a pulley = 50 kN;

Total belt pull = 6.5 kN.

When the crank has turned through 35° from the top dead centre, the
pressure on the piston is

IN/mm2 and the torque on the crank is maximum. The ratio of the
connecting rod length to the crank

radius is 5. Assume any other data required for the design.

Solution. Given : D =400 mm ; L = 600 mm or r = 300 mm ; pm = 0.5
N/mm2 ; p=2.5N/mm2;
W=50kN;T1+T2=65kN;:\=35°;p2=1N/mm2;1/r=5

We shall design the crankshaft for the two positions of the crank, i.e. firstly
when the crank is at
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the dead centre ; and secondly when the crank is at an angle of maximum
twisting moment.
1. Design of the crankshaft when the crank is at the dead centre
We know that the piston gas load,
F, = gx DF x p=%(400]22.5=314200N =314.2 kN

Assume that the distance (b) between the bearings 1 and 2 is equal to twice the piston diameter
(D).
b =2D=2 %400 = 800 mm

2t try = By — 3 — 2 — 400 mm
W ko Shal doe bo e plsion gas bood, Shearas will be o odeosial resctions &S, and S as

bearings 1 and 2 respacteaby. such that
o= 314.2 = D00
- e

L= H
FE o, -

o=y 3142 400
[ - ==
Asmurmes that the gt oaf the main BEacvings o be equall, Lo oy = o = & 2. We now that due
1o e weaight of the Aywwheel acring dosmmeards, thara will Bo e vamisml cesctions: F,; and V), as
bearings F and 3 respacte by, such that

M W =cfZ W GO

= LET. 1T kN

- 1ET. L kN

V2 = —= T T T TEhEN
= - - '] o K,
i v - m:f:'—“-xff'z——t:——":'-ESh'ﬁl

Dhe to the resuliane bek tension (7, + 73} actisg bortromtally, there will B2 two borieomal
reactions &7 and &7 respectively. sech that
. g + 21 o -+l o2 N+ 75 BE.5 .
LT - p- - = - = - = L2EKN
. o + 51 = 0 + ) aE n+ 5 E.5 -
Arad AL - = - = - = -— AFEkKN
Fdorer the: variows parts of the cask=hafl are destgoed 2= disoeesod belorms
2 L of cor ST
Lot o — ThHasmeier of the crankpin bn mum 3
i = Lesgth of the coankpin o mm ; amd
o, = Alloewahic bending =re== for the crankpin. Bomay be asoamed o
TE MFPa or F'mor.
e koo thal 1the: bending meoment at the conire of the crankpin,

Ml = A - ey, = LET_ 0 = A — B2 S40 kN -anem T

W al=o knoes that

A - !"_E{.eu:,Pcr, —,_;_E{-eng,:ur.rs.— e = P T E ——
- T. 354 = 107 (o )" &M -mm — i
Equaling equations [/ and i), we hayve
0 — GE Bl S T 364 =« W0 — BE5F = 1IE
or o = Z 55 sy 205 mem Ao
W kencre thent lengrth of the cankpin,

¢ -T:I::r'__i-g:'azi;gi-153.3=y]55mm.-'l.m.

- [Taking gy ~ L0 BT}
L e o el Sranrd’ corarmt el
e knore thatl thickne== of the crank wah,
r = 0BS5S o + B35 mm
— OLEG = 205 =« E 35 = 130G o 140 e Ao
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and width of the crank web, w=1.125 d_+ 12.7 mm
=1.125 x 205+ 12.7 = 243.3 say 245 mm Ans.
We know that maximum bending moment on the crank web,

-l

' s c \
= 15?.1[400 - % - % l =39 668 kN-mm
Section modulus, Z = % X w.tt = é x 245 (140)* = 800x 10° mm®
Bending stress, ©, M %533 = 49.6 x 10~ kN/mm®=49.6 N/mm*
Z 80010
We know that direct compressive stress on the crank web,
H, 157.1

R I -3 2 _ 2
.= Wi~ 715 X 140 4.58 x 10™ kN/mm*“ = 4.58 N/mm

.. Total stress on the crank web
=0,+0,=49.6 +4.58 =54.18 N/mm? or MPa

Since the total stress on the crank web is less than the allowable bending stress of 75 MPa,
therefore, the design of the left hand crank web is safe.

(c) Design of right hand crank web

From the balancing point of view, the dimensions of the right hand crank web (7.e. thickness and
width) are made equal to the dimensions of the left hand crank web.

(d) Design of shaft under the flywheel
Let d, = Diameter of the shaft in mm.
Since the lengths of the main bearings are equal, therefore

2 2 2
Assuming width of the flywheel as 300 mm, we have
¢ =365+ 300 = 665 mm

I —12—13—2[1’_"64}:2[400—155—140 - 365 mm
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Allowing space for gearing and clearance, let us take ¢= 800 mm.
=c,= %:?: 400 mm
We know that bending moment due to the weight of flywheel,
My, = V- ¢; =25 x 400 = 10 000 kN-mm = 10 x 105 N-mm
and bending moment due to the belt pull,
M, = Hy' - ¢; = 3.25 x 400 = 1300 kN-mm = 1.3 x 10 N-mm

.. Resultant bending moment on the shaft,
My = \|(My)? + (Mp)? =10 x 10%)% + (1.3 x 10°)?

= 10.08 x 105 N-mm
We also know that bending moment on the shaft (M),

T [
10.08 x 106 =§(ds)3cb = §(ars)342 =412 (d,)*

(d)® =10.08 x 105/ 4.12 = 2.45 x 10° or d, = 134.7 say 135 mm Ans.
2. Design of the crankshaft when the crank is at an angle of maximum twisting moment

G

We know that piston gas load,
F, = % % D? x pf :%(400)21 =125 680N = 125.68 kN
In order to find the thrust in the connecting rod (F), we should first find out the angle of
inclination of the connecting rod with the line of stroke (i.e. angle ¢). We know that
sin®  sin35°
“1ir T 5
A o =sin! (0.1147) = 6.58°
We know that thrust in the connecting rod,
P F 12568  125.68
Q~ cosd cos6.58° 09934 ~
Tangential force acting on the crankshaft,
Fp = Fysin (0 +¢) =126.5sin (35° + 6.58°) = 84 kN
and radial force, F = FQ cos (6 + ¢) = 126.5 cos (35° + 6.58%) = 94.6 kN
Due to the tangential force (F7), there will be two reactions at bearings 1 and 2, such that
Fpx b 84x400

sin ¢ =0.1147

126.5 kN

Hp = b 500 - 42 kN

and m, =11 - b _ 848?;‘00 = 42 kN

Due to the radial force (Fy), there will be two reactions at bearings 1 and 2, such that
H, = | K ; b _ 94.6830400 473 KN
Hy, = FR;bl - 94230400 473 KkN

Now the various parts of the crankshaft are designed as discussed below:
(@) Design of crankpin
Let d_ = Diameter of crankpin in mm.
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We know that the bending moment at the centre of the crankpin,
M. = Hpy x b, =47.3 x 400 = 18 920 kN-mm
and twisting moment on the crankpin,

T. = Hy x r=42x 300 =12 600 kN-mm
~. Equivalent twisting moment on the crankpin,

T = J(Mo)? + (T)? =418 920)° + (12 600)2

=22 740 kN-mm = 22.74 x 105 N-mm

We know that equivalent twisting moment (7)),

22.74 x 106 = %(dc)% - %(@335 — 6.873 (d,)’®
...(Taking 1 = 35 MPa or N/mm?)
(d(]3 =2274x105/6.873=3.3 x 10%or dc =149 mm

Since this value of crankpin diameter (i.e. d_= 149 mm) is less than the already calculated value
of d_= 205 mm, therefore, we shall take d_= 205 mm. Ans.

(b) Design of shaft under the flywheel
Let d. = Diameter of the shaft in mm.
The resulting bending moment on the shaft will be same as calculated eariler, i.e.
M =10.08 x 10 N-mm
and twisting moment on the shaft,
Ty = F; x r=284 x 300 = 25 200 kN-mm = 25.2 x 105 N-mm
.. Equivalent twisting moment on shaft,

T, = (Mg)? + (R)?

= (10.08 % 10%)2 + (25.2 x 10°)2 = 27.14 x 10° N-mm

We know that equivalent twisting moment (7),

27.14 x 106 = %(ds)% = % (135)%t = 483156 1
't =27.14 x 108/ 483 156 = 56.17 N/mm?

From above, we see that by taking the already calculated value of ds = 135 mm, the induced
shear stress is more than the allowable shear stress of 31 to 42 MPa. Hence, the value of d, is
calculated by taking T = 35 MPa or N/mm? in the above equation, i.e.

27.14 x 10° = %(dsﬁss:a.sn d,)?
(d)* =27.14 x 105/ 6.873 = 3.95 x 10° or d_ = 158 say 160 mm Ans.
(¢) Design of shaft at the juncture of right hand crank arm
Let d, = Diameter of the shaft at the juncture of the right hand crank arm.

We know that the resultant force at the bearing 1,
R, = J(Hn)z + (Hpy)? =\/(42)2 + (47.3)%2 =63.3kN

. Bending moment at the juncture of the right hand crank arm,

Lt Lot
My = R +E+§J_FQ[E+E)
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2
=34.7 x 103 —18.7 x 103 = 16 x 103 kN-mm = 16 x 105 N-mm
and twisting moment at the juncture of the right hand crank arm,
T, = F; x r=384x300 =25 200 kN-mm = 25.2 x 108 N-mm

.. Equivalent twisting moment at the juncture of the right hand crank arm,

I, = \J'(M51)2 + (%1)2

= J16x10%2 + (25.2 x 10°)? = 29.85 x 10° N-mm

155 140 1.)5 140
_ 633 400 -5 1255( 7]

We know that equivalent twisting moment (T)),

L

16 (da)"42 =8.25 (d)°

...(Taking T = 42 MPa or N/mm?)
(d,)® =29.85x 10°/8.25 =3.62 x 105 or d; = 153.5 say 155 mm Ans.
(d) Desrgn of right hand crank web

29.85 x 106 = %(dﬂ)% -

Let 0, = Bending stress in the radial direction ; and
Oy = Bending stress in the tangential direction.

We also know that bending moment due to the radial component ofF .

L ¢ ' 155 140
My, = Hy, [bl 5~ E) =473 {400 - T kN-mm
=11.94 x 103 kN-mm = 11.94 x 10® N-mm )
We also know that bending moment,
1
MR ngRxZ:GbRx Ex w.t . Z:%xw.rz)

11.94 x 108 =6, x % x 245 (140)? = 800 x 10%0
O,z = 11.94 x 10°/800 x 10 = 14.9 N/mm? or MPa

We know that bending moment due to the tangential component of

M, = Fr[ J 84{300 - 75] =18 690 kN-mm
= 18.69 x 1[]G N-mm
We also know that bending moment, _
1 ' 1
M, =0, x Z =0, % Exr.wz o b Z=Ext)

18.60 x 105 = 6, %x 140(245)* =14 x 10° 5,

G, = 18.69 x 10°/1.4 x 10° = 13.35 N/mm? or MPa
Direct compressive stress,

K 946

G = = =3 kN/mm? = 1.38 N/mm?
b Tw i Zx 25 x 140 - 810
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and total compressive stress,
GC :GbR +GbT + Gd
=14.9 + 13.35 + 1.38 = 29.63 N/mm? or MPa
We know that twisting moment on the arm,
I | 155
T = HTz[b1 - f} =42 [400 - T] =13 545 kN-mm
= 13.545 x 106 N-mm

and shear stress on the arm,

T 45T 45x13.545x10°

Zy  wit 245 (140)°
We know that total or maximum combined stress,

o 1
) ax = 5+ ?/ (6,)% + 47’

2963 1
=== +§\/ (29.63)% + 4 (12.7)% =14.815+19.5=34.315 MPa

Since the maximum combined stress is within the safe limits, therefore, the dimension
w = 245 mm is accepted.
(e) Design of left hand crank web

The dimensions for the left hand crank web may be made same as for right hand crank web.

= 12.7 N/mm? or MPa

( f) Design of crankshaft bearings
Since the bearing 2 is the most heavily loaded, therefore, only this bearing should be checked
for bearing pressure.
We know that the total reaction at bearing 2,
5 E+Z{+?§ _ 3142 50 6.5

7+2 5 _T+7+T:18J'SSKN:]8335ON

R:

.. Total bearing pressure

R, 185350
~ L -dy; 365x155
Since this bearing pressure is less than the safe limit of 5 to 8 N/mm?, therefore, the design is safe.

=3.276 N/mm?
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UNIT IV
DESIGN OF FLYWHEELS

Introduction
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A flywheel used in machines serves as a reservoir which stores energy
during the period when the supply of energy is more than the requirement
and releases it during the period when the requirement of energy is more
than supply. In case of steam engines, internal combustion engines,
reciprocating compressors and pumps, the energy is developed during one
stroke and the engine is to run for the whole cycle on the energy produced
during this one stroke. For example, in I.C. engines, the energy is developed
only during power stroke which is much more than the engine load, and no
energy is being developed during suction, compression and exhaust strokes
in case of four stroke engines and during compression in case of two stroke
engines. The excess energy developed during power stroke is absorbed by
the flywheel and releases it to the crankshaft during other strokes in which
no energy is developed, thus rotating the crankshaft at a uniform speed. A
little consideration will show that when the flywheel absorbs energy, its
speed increases and when it releases, the speed decreases. Hence a flywheel
does not maintain a constant speed, it simply reduces the fluctuation of
speed. In machines where the operation is intermittent like punching
machines, shearing machines, riveting machines, crushers etc., the flywheel
stores energy from the power source during the greater portion of the
operating cycle and gives it up during a small period of the cycle. Thus the
energy from the power source to the machines is supplied practically at a
constant rate throughout the operation.

Coefficient of Fluctuation of Speed

The difference between the maximum and minimum speeds during a cycle is
called the maximum fluctuation of speed. The ratio of the maximum
fluctuation of speed to the mean speed is called coefficient of fluctuation of
speed.
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Let N, = Maximum speed in r.p.m. during the cycle,
N, = Minimum speed in 1.p.m. during the cycle, and
N, + N,

"~
-

N = Mean speed in r.p.a. =
*. Coefficient of fluctuation of speed.
_M-N, 2(M-N,)

s N N, + N,

o —m 2(0 — o]
=9 Z — (01 ‘J ...(In terms of angular speeds)

(0] W + @
sl . .
W -V A Dl ) .
= 1 2 _ ( ! 2) ...(In terms of linear speeds)
Vv 1‘1 + 1‘2

The coefficient of fluctuation of speed is a limiting factor in the design of flywheel. It varies
depending upon the nature of service to which the flywheel is employed. Table 22.1 shows the per-
missible values for coefficient of fluctuation of speed for some machines.

Note: The reciprocal of coefficient of fluctuation of speed is known as coefficient of steadiness and if is de-
noted by m.

Fluctuation of Energy

The fluctuation of energy may be determined by the turning moment
diagram for one complete cycle of operation. Consider a turning moment
diagram for a single cylinder double acting steam

engine. The vertical ordinate represents the turning moment and the
horizontal ordinate (abscissa) represents the crank angle.

A little consideration will show that the turning moment is zero when the
crank angle is zero. It rises to a maximum value when crank angle reaches
90° and it is again zero when crank angle is 180°. This is shown by the curve
abc in Fig and it represents the turning moment diagram for outstroke.

The curve cde is the turning moment diagram for instroke and is somewhat
similar to the curve abc. Since the work done is the product of the turning
moment and the angle turned, therefore the

area of the turning moment diagram represents the work done per revolution.
In actual practice, the engine is assumed to work against the mean resisting
torque, as shown by a horizontal line AF. The

height of the ordinate aA represents the mean height of the turning moment
diagram. Since it is assumed that the work done by the turning moment per
revolution is equal to the work done against the mean resisting torque,
therefore the area of the rectangle aA Fe is proportional to the work done
against the mean resisting torque.
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Mean resisting
T b torque d
g | |
= | |
e :
E
%u A B/ | r'.C D | F
= N
=
| | | | | |
a | | | ¢ | | | €
0° P 90° 9 180° r 270° s 360°

— Crank angle —
We see in Fig, that the mean resisting torque line AF cuts the turning
moment diagram at points B, C, D and E. When the crank moves from ‘@’ to
‘p’ the work done by the engine is equal to the area aBp, whereas the energy
required is represented by the area aABp. In other words, the engine
has done less work (equal to the area aAB) than the requirement. This
amount of energy is taken from the flywheel and hence the speed of the
flywheel decreases. Now the crank moves from p to q, the
work done by the engine is equal to the area pBbCq, whereas the
requirement of energy is represented by the area pBCq. Therefore the engine
has done more work than the requirement. This excess work
(equal to the area BbC) is stored in the flywheel and hence the speed of the
flywheel increases while the crank moves from p to g.
Similarly when the crank moves from g to r, more work is taken from the
engine than is developed. This loss of work is represented by the area CcD.
To supply this loss, the flywheel gives up some of
its energy and thus the speed decreases while the crank moves from g tor.
As the crank moves from r to s, excess energy is again developed given by
the area DAE and the speed again increases. As the
piston moves from s to e, again there is a loss of work and the speed
decreases. The variations of energy above and below the mean resisting
torque line are called fluctuation of energy. The areas BbC, CcD, DdE etc.
represent fluctuations of energy.
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Positive loop

Mean resisting /
torque

Negative loop

—Turning moment —s

Suction Compression Working Exhaust

= Crank angle ==
Maximum Fluctuation of Energy
A turning moment diagram for a multi-cylinder engine is shown by a wavy
curve in Fig.
The horizontal line AG represents the mean torque line. Let al, a3, a5 be the
areas above the mean torque line and a2, a4 and a6 be the areas below the
mean torque line. These areas represent some quantity of energy which is
either added or subtracted from the energy of the moving parts of the engine.

E A aT\\B C//E;\D E/E;\F G (A)
: \\@/ N\

=

20 Mean

- torque line

g

| 0° —— Crank angle —» 360°
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Let the energy in the flywheel at A = E. then from Fig. 22.4. we have
Energy atB=E +a,
Energyat C=E+a,—a,
Energyat D=E+a,—a,*ta,

Energyat E=E+a,—a,ta;—a,

Energy at F=E+a,—a,ta;—a,+a;

Energyat G=E+a,—a,ta;—a,+a,—a,=Energy at 4

Let us now suppose that the maximum of these energies is at B and minimum at E.
-, Maximum energy in the flywheel

=E+a
and minimum energy in the flywheel
=E+a,—a,ta,-a,

-, Maximum fluctuation of energy.
AE = Maximum energy — Minimum energy

=E+ta)-Eta-aytay—a)=a,-ay+a

3 4

Coefficient of Fluctuation of Energy

It is defined as the ratio of the maximum fluctuation of energy to the work
done per cycle. It is usually denoted by CE. Mathematically, coefficient of
fluctuation of energy
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Maximum fluctuation of energy

Ce = Work done per cycle
The workdone per cycle may be obtained by using the following relations:
1. Workdone / cycle =T om0
where T, .., = Mean torque, and

0 = Angle turned in radians per revolution
= 2 1. in case of steam engines and two stroke internal combustion
engines.
= 4 1. in case of four stroke internal combustion engines.
) in N-m may be obtained by using the following relation i.e.

, _Px60_P
merm- N o
where P Power transmitted in wartts.

The mean torque (7, .

N = Speed in r.p.m.. and
o = Angular speed in rad/s =2V / 60
2. The workdone per cycle may also be obtained by using the following relation:

. ., P %60
Workdone / cycle = o
where n = Number of working strokes per minute.
= N. in case of steam engines and two stroke internal combustion
engines.

= N/2, in case of four stroke internal combustion engines.

The following table shows the values of coefficient of fluctuation of energy for steam engines
and internal combustion engines.

Energy Stored in a Flywheel

A flywheel is shown in Fig. We have already discussed that when a flywheel
absorbs energy its speed increases and when it gives up energy its speed
decreases.
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Let m = Mass of the flywheel in
kg.
k = Radius of gyration of the
flywheel in metres.

I = Mass moment of inertia of
the flywheel about the
axis of rotation in kg-m?

= m.k2,
N, and N, = Maximum and minimum

speeds during the cycle in
I.p.m.,

Fig. 22.5. Flywheel.

®, and @, = Maximum and minimum
angular speeds during the cycle mrad /s,

N = Mean speed during the cycle mrp.m. =

o + o
2
- ~ . ~ ANr - ANr ( - [D
Cy = Coefficient of fluctuation of speed = 1 v 2 or A o 2

® = Mean angular speed during the cycle inrad /s =

We know that mean kinetic energy of the flywheel.

1 1
E= 5 x Loy = 3 x m. k.o (in N-m or joules)

As the speed of the flywheel changes from ®, to ®,. the maximum fluctuation of energy.
: . 1 1
AE = Maximum K.E. — Minimum K.E. = 5 X I({Dl)2 -5 X I(, )2

%x I |:(‘031)2 - ((’32)2] :%XI (o + wz)_ (o —@,)

-

+ A
=10 (0, —m,) ...['-'m=ml 2(02 | .

. = \ A

— 0 N

= L.oY {L(D)ZJ ...[Multiplying and dividing by ]
= Lo*.Cg=mk.w?.Cg (e I=mEY) (i)
- (.. ! 2|
=2ECq A X =E><I-€0 ‘ ..(iif)

\

The radius of gyration (k) may be taken equal to the mean radius of the rim (R). because the
thickness of rim is very small as compared to the diameter of rim. Therefore substituting £ = R in
2quation (77). we have

— — 2 —
AE =mR2w?.Cg=ma2.C (v v=0OR)

From this expression. the mass of the flywheel rim may be determined.

The turning moment diagram for a petrol engine is drawn to the following

scales:
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Turning moment, 1 mm = 5 N-m;

Crank angle, 1 mm = 1°.

The turning moment diagram repeats
itself at every half revolution of the engine
and the areas above and below the mean
turning moment line, taken in order are
295, 685, 40, 340, 960, 270 mm?.

Determine the mass of 300 mm
diameter flvwheel rim when the coefficient
of fluctuation of speed is 0.3% and the
engine runs at 1800 r:p.m. Also determine
the cross-section of the rim when the width
of the rim is twice of thickness. Assume
density of rim material as 7250 kg / m>.

Solution. Given : D = 300 mm or

R=150mm=0.15m : C;=0.3%=10.003 : N=1800 r.p.m. or ®=2 7 x 1800 / 60 = 188.5 rad/s :

p=7250kg/m’
Mass of the flywheel
Let

First of all. let us find the maximum fluctuation of energy. The turning moment diagram is

shown in Fig. 22.6.

Since the scale of turning moment is 1 mm = 5 N-m. and scale of the crank angle is 1 mm=1°

m = Mass of the flywheel in kg.

=1/ 180 rad. therefore 1 mm? on the turning moment diagram.

=5xm/180=0.087 N-m

Let the total energy at 4 = E. Therefore from Fig. 22.6. we find that
EnergyatB = E + 295
Energyat C = E+295-685=E-390
Energy atD = E—390 +40=E - 350
EnergyatE = E—350—-340=E - 690
Energyat FF = E— 690 +960=E + 270
EnergyatG = E+270—-270=E = Energy at 4

From above we see that the energy is maximum at B and minimum at E.

. Maximum energy
and minimum energy

= E +295
= E-690
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We know that maximum fluctuation of energy.
A E = Maximum energy — Minimum energy
= (E +295) — (E — 690) = 985 mm”
= 985 % 0.087 =86 N-m
We also know that maximum fluctuation of energy (A E).
86 = m.R%.w*.Cg=m (0.15)? (188.5)* (0.003) = 2.4 m
m = 86/2.4=358kg Ans.

295

=

Mean turning
moment line

— Turning moment —=
|

— Crank angle ——=

Fig. 22.6
Cross-section of the flywheel rim
Let t = Thickness of rim in metres, and
b = Width of rim in metres = 2 ¢ ..(Given)

.. Cross-sectional area of rim,
A=bxt=21xt=2¢
We know that mass of the flywheel rim ().
358 = A % 2MR x p=2# x 2w = 0.15 x 7250 = 13 668 1>
s > =35.8/13668 =0.0026 or r=0.051 m=51 mm Ans.
and b =21t=2=51=102 mm Ans.

www.vidyarthiplus.com



www. Vi dyart hi pl us. con

The intercepted areas between the output torque curve and the mean
resistance line of a turning moment diagram for a multicylinder engine,

taken in order from one end are as follows:

— 35, + 410, — 285, + 325, — 335, + 260, — 365, + 285, — 260 mmr°.
The diagram has been drawn to a scale of 1 mmm = 70 N-m and 1 mmm = 4.5°. The engine speed

is 900 r.p.m. and the fluctuation in speed is not to exceed 2% of the mean speed.
Find the mass and cross-section of the flmwheel rim having 650 mm mean diameter. The density
of the material of the flywheel may be taken as 7200 kg / m>. The rim is rectangular with the width

2 times the thickness. Neglect effect of arms, etc.

Solution. Given : N = 900 r.p.m. or ® = 21 x 900/ 60 = 94.26 rad/s : 0~ m, = 2% © or

®

Mass of the flywheel rim
Let m = Mass of the flywheel rim in kg.

First of all, let us find the maximum fluctuation of energy. The turning moment diagram for a

OJI _ (!)2 = (. =204 = - = - = = 312 - =7 { 3
Cg=2%=0.02:D=650 mmor R =325mm=0.325m ; p = 7200 kg /m

multi-cylinder engine is shown in Fig. 22.7.
Since the scale of turning moment is 1 mm = 70 N-m and scale of the crank angle is 1 mm=4.5°

=1t/ 40 rad. therefore 1 mm? on the turning moment diagram.
=70 xm/40=55N-m
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Mean turning
moment line

=

— Turning moment —

— Crank angle—»
Fig. 22.7

Let the total energy at 4 = E. Therefore from Fig. 22.7. we find that

EnergyvatB = E—35

EnergyvatC' = E—-35+410=E+ 375

EnergyatD = E+375-285=FE+90

EnergyatE = E+90+325=E+415

EnergvatF = E+415-335=FE + 80

Energyat G = E+ 80 +260=FE + 340

EnergyatH = E+340-365=E-25

Energyat K = E—25+285=F + 260

EnergyatL = E+260—-260=E = Energy at 4
From above, we see that the energy 1s maximum at £ and minimum at 5.
. Maximum energy =E+415

and minimum energy =E-35
‘We know that maximum fluctuation of energy.,
= (E+415) - (E - 35) =450 mm?
=450 = 5.5 =2475 N-m
We also know that maximum fluctuation of energy (AE).
2475 = m.R%.w*.Cg =m (0.325)? (94.26)> 0.02=18.77 m
m =2475/18.77 =132 kg Ans.
Cross-section of the flywheel rim
Let t = Thickness of the rim in metres, and
b = Width of the rim in metres =2 ¢ ...(Given)
. Area of cross-section of the rim,
A=bxt=2txt=27
‘We know that mass of the flywheel rim (m).
132 =4 x2WR*xp=21~x2m=0.325 % 7200 =29 409 1
S 2 =132/29409=0.0044 or f=0.067m=67 mm Ans.
and b =2t=2 x 67 =134 mm Ans.
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— 35, + 410, — 285, + 325, — 335, + 260, — 365, + 285, — 260 mm°.
The diagram has been drawn to a scale of 1 mm = 70 N-m and I mm = 4.5°. The engine speed
is 900 r.p.m. and the fluctuation in speed is not to exceed 2% of the mean speed.

Find the mass and cross-section of the flmwheel rim having 650 mm mean diameter. The density
of the material of the flywheel may be taken as 7200 kg / m>. The rim is rectangular with the width
2 times the thickness. Neglect effect of arms, etc.

Solution. Given : N = 900 r.p.m. or ® = 21 x 900/ 60 = 94.26 rad/s : 0~ m, = 2% © or

—
% =(Cg=2%=0.02:D=650 mmor R =325 mm =0.325 m ; p = 7200 kg / m?

Mass of the flywheel rim
Let m = Mass of the flywheel rim in kg.
First of all, let us find the maximum fluctuation of energy. The turning moment diagram for a

Since the scale of turning moment is 1 mm = 70 N-m and scale of the crank angle is 1 mm=4.5°

=1t/ 40 rad. therefore 1 mm? on the turning moment diagram.
=70 xm/40=55N-m
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UNIT V
DESIGN OF VALVES AND
VALVE TRAIN

Design aspects of intake & exhaust manifolds

The purpose of the exhaust and inlet processes is to remove the burned gases at the end of the power stroke
and admit fresh charge for the next cycle. Indicated power of an ICE at a given speed is proportional to the
mass flow rate of air. Inducting the maximum air mass and retaining the mass within the cylinder is the
primary goal of the gas exchange processes in engines. Engine gas exchange processes are characterized by
volumetric efficiency and it depends on the design of engine subsystems such as manifolds, valves, and ports,
as well as engine operating conditions. Supercharging and turbo-charging are used to increase air flow into
engine cylinder, and hence power density
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In Sl engine, the intake system typically consists of an air filter, a carburettor and throttle or fuel injector and
throttle or throttle with individual fuel injectors in each intake port and intake manifold. During the induction
process, pressure losses occur as the mixture passes through or by each of these components. The pressure
drop depends on engine speed, the flow resistance of the elements in the system, the cross-sectional area
through which the fresh charge moves, and the charge density. In a Cl engine intake system, the carburettor
or EFl system and the throttle plate are absent. The exhaust system typically consists of an exhaust manifold,
exhaust pipe, often a catalytic converter for emission control, and a muffler or silencer.

Hocker arm =1 o - Camshall

Loba

Pushrod = ""'\-\L‘ _..l
At Spring Camshat -J

ollower™ = Lash adusier

Valve Waler jackel

Cylinder head
=859 o858

(1) (2) (3)
@ Push-rod assembly (OHV)
@ Single rocker-arm assembly actuated by overhead cam (OHV/OHC)

@ Twin rocker-arm assembly actuated by overhead cam (OHV /OHC)

@ OHV: Overhead valve
@ OHC: Overhead cam i
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Intake & Exhaust Manifolds

Engine breathing system includes intake & exhaust manifolds that are
carefully designed to provide a uniform flow to & from all cylinders.

EXHAUST
‘
. '.l “ .'
@) INTAKE

Conventional head-Siamesed valve ports:

INTAKE

Intake runners

(®) EXHAUST 2843
Alternate head-individual poris m

Air Cleaning

Modern air cleaners incorporate at least one the following physical
methods of filtration: sieve, impingement and separation.

2845

ic} {d)
Types of air cleaner: (a) fibre element (b) oil-wetted mesh (c) oil ba
Ef_;d mesh { d}_ cg_;cio_ne apd fibre Element_ )
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Air Silencing

Meck portion

a N

@ ™ Plain opening

Inlet tube Expansion chamber
arid filter
I 1T

Outlet connection i Alr cavity
=857 (b) resanator

The basic structure of an air cleaner/silencer is analogous to that of a
Helmholtz resonator, because the air flowing through the main
expansion chamber and filter also communicates with an annular air
cavity in which there is a purely oscillating movement of air. If
suitable length of inlet tube is then matched to the large volume of the
main chamber, the air cleaner acting as a Helmholtz resonator can b
tuned to respond to an unwanted peak of induction noise.

o845 ity

o Intake valves are usually larger than exhaust valves: when the
intake valve is open, air-fuel mixture is pushed into the cylinder
by atmospheric pressure, in case of naturally aspirated engines.
Throttling in intake valves reduces part-load efficiency.

@ When the exhaust valve opens, there is still a high pressure in the
engine cylinder. Hence, a smaller exhaust valve provides enough
space for the high-pressure exhaust gases to get out of the cy]jnda

2@ Some engines have 3 valves per cylinder: 2 IV and 1 EV.

Valve Gear Mechanism
The valve gear mechanism of an I.C. engine consists of those parts which
actuate the inlet and exhaust valves at the required time with respect to the
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position of piston and crankshaft.Fig shows the valve gear arrangement for
vertical engines. The main components of the mechanism are valves, rocker
arm, * valve springs, **push rod, ***cam and camshaft

I . .
Rocker arm ———-r————- Axis of cylinder
N |_¥ Tappet |r Vilve
Clearance T _...-F""q P
¥ - s\ = ACTEW
— -"-_-"«.H":-" N
t ) _T_ ) =— Tappet

AREEEED
T L 4 B
-
)
=
A h
il
A2

-— - ¥ o=t - _| e Roscker arm

G

B , . . iy

| [ “‘—Eulcw-:r \//

Clearance—s Tappet
Camm shat —,(\:”'\ e Cam H/ [,»
b |_F,g’
(i) For Vertical Engines i) For Horizontal Engines

The fuel is admitted to the engine by the inlet valve and the burnt gases are
escaped through the exhaust valve. In vertical engines, the cam moving on
the rotating camshaft pushes the cam follower and push rod upwards,
thereby transmitting the cam action to rocker arm. The camshaft is rotated by
the toothed belt from the crankshaft. The rocker arm is pivoted at its centre
by a fulcrum pin. When one end of the rocker arm is pushed up by the push
rod, the other end moves downward. This pushes down the valve stem
causing the valve to move down, thereby opening the port. When the cam
follower moves over the circular portion of cam, the pushing action of the
rocker arm on the valve is released and the valve returns to its seat and
closes it by the action of the valve spring. In some of the modern engines,
the camshaft is located at cylinder head level. In such cases, the push rod is
eliminated and the roller type cam follower is made part of the rocker arm
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The valves used in internal combustion engines are
of the following three types :

1. Poppet or mushroom valve ; 2. Sleeve valve ;
3. Rotary valve.

Out of these three valves, poppet valve, as shown
in Fig. 32.21, is very frequently used. It consists of head,
face and stem. The head and face of the valve is sepa-
rated by a small margin, to aviod sharp edge of the valve
and also to provide provision for the regrinding of the
face. The face angle generally varies from 30 to 45°.
The lower part of the stem is provided with a groove in
which spring retainer lock is installed.

Since both the inlet and exhaust valves are subjected
to high temperatures of 1930°C to 2200°C during the
power stroke, therefore, it is necessary that the material
of the valves should withstand these temperatures. Thus
the material of the valves must have good heat conduction,
heat resistance, corrosion resistance, wear resistance and
shock resistance. It may be noted that the temperature at
the inlet valve is less as compared to exhaust valve. Thus,
the inlet valve is generally made of nickel chromium alloy
steel and the exhaust valve (which is subjected to very high
temperature of exhaust gases) is made from silchrome steel
which is a special alloy of silicon and chromium.

Exhaust valve

| Spark

inlet valve
closed

Petrolfair

closed j mixture burns
) ) in comhustion
Piston is e ..__-CL chamber

down by ?] ;
expanding
gases

Connecting rod

piston and crankshart

In designing a valve, it is required to determine the following dimensions:

(a) Size af the valve port

Let a, = Area of the port,

v, = Mean velocity of gas flowing through the port,

a = Area of the piston, and

v = Mean velocity of the piston.
We know that a.v,=av
a.v
a = —
PV,
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Head il
I Face
Margin
1 45°
I
Seat I II
I

I
|
I
|
| #—5lem
|
I
|
I
1

I, —Spring retainer
lock groove

Fig. 32.21. Poppet or mushroom valve. Fig. 32.22. Conical poppet valve in the port.
The mean velocity of the gas (v,) may be taken from the following table.

Table 32.3. Mean velocity of the gas [vp}

Type of engine Mean velocity of the gas [vp} m/s

Inlet valve Exhaust valve
Low speed 33-40 40 - 50
High speed B0 - 90 90 - 100

Sometimes, inlet port is made 20 to 40 precent larger than exhaust port for better cylinder
charging.
(&) Thickness af the valve disc

The thickness of the valve disc (f), as shown in Fig. 32.22, may be determined empirically from

the following relation, i.e.

P
t= .’cdp o,
where k = Constant = (.42 for steel and (.54 for cast iron,

dp = Diameter of the port in mm,
p = Maximum gas pressure in N/mm?, and
©, = Permissible bending stress in MPa or N/mm?
= 50 to 60 MPa for carbon steel and 100 to 120 MPa for alloy steel.
(c) Maximum lift of the valve
h = Lift of the valve.

The lift of the valve may be obtained by equating the area across the valve seat to the area of the
port. For a conical valve, as shown in Fig. 32.22, we have

d
I 2 _ P
4 (dp)" or h= 4 cosa

where o = Angle at which the valve seat is tapered = 30° to 45°.

‘.ltdp- hcos o =
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In case of flat headed valve, the lift of valve is given by

h=—/ ...[In this case, o= 0°)

The valve seats usually have the same angle as the |

valve seating surface. But it is preferable to make the angle 7 i
of valve seat 1/2° to 1” larger than the valve angle as shown ! LTI

in Fig. 32.23. This results in more effective seat.

Valve

|
|
(d) Valve stem diameter |
|
|

The valve stem diameter (d) is given by Interference %m 1°

d, = 4 +635mmto == +1lmm gy 3223 Valve interference angle.

Note: The valve is subjected to spring force which is taken as
concentrated load at the centre. Due to this spring force (F)), the stress in the valve (c) is glven by

4F(  2d,
o= g 3d,

Example 32.6. The conical valve of an I.C. engine is 60 mm in diameter and is subjected to a
maximum gas pressure of 4 N‘mn?. The safe stress in bending for the valve material is 46 MFa. The
valve is made of steel for which k = 0.42. The angle at which the valve disc seat is tapered is 30".

Determine : 1. thickness of the valve head ; 2. stem diameter ; and 3. maximum lift of the valve.

Solution. Given : d =60 mm: p=4 N/mm? ; g, = 46 MPa = 46 N'mm? ; k=042 ; o.= 30"
1. Thickness af the valve head

We know that thickness of the valve head,

t=k-d -2 _p42 %60 4 = 7.43 say 7.) mm Ans.
"o, N'45
2. Stem diameter

We know that stem diameter,
d
d. = ?P +6.35= % + 6.35 = 13.85 say 14 mm Ans.

5

3. Maxtmum Iift of the valve
We know that maximum lift of the valve,
d, 60
h = 4cos o 4cos30® 4x0.86

5= 17.32 say 17.4 mm Ans.

o~
Py

Roller followers In an engine rocker mechanism

32.24 Rocker Arm

The * rocker arm is used to actuate the
inlet and exhaust valves motion as directed
by the cam and follower. It may be made of
cast iron, cast steel, or malleable iron. In or-
der to reduce inertia of the rocker arm, an I-
section is used for the high speed engines
and it may be rectangular section for low
speed engines. In four stroke engines, the
rocker arms for the exhaust valve is the most
heavily loaded. Though the force required
to operate the inlet valve is relatively small,
yet it is usual practice to make the rocker
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arm for the inlet valve of the same dimensions as that for exhaust valve. A typical rocker arm for
operating the exhaust valve is shown in Fig. 32.24. The lever ratio a /' b is generally decided by
considering the space available for rocker arm. For moderate and low speed engines, a /b is equal to
one. For high speed engines, the ratio a /bis taken as 1/ 1.3. The various forces acting on the rocker
arm of exhaust valve are the gas load, spring force and force due to valve acceleration.

7 i

Section at A=A

Fig. 32.24. Rocker arm for exhaust valve.
Let m, = Mass of the valve,
d,_ = Diameter of the valve head,
h = Lift of the valve,
a = Acceleration of the valve,
p_ = Cylinder pressure or back pressure when the exhust valve opens, and
P, = Maximum suction pressure.
We know that gas load,

F = Area of valve x Cylinder pressure when the exhaust valve opens

_ e
- 4(d1'] pr_'

Spring force, F, = Area of valve x Maximum suction pressure

= 5 @)’p,
and force due to valve acceleration,
F_ = Mass of valve x Accleration of valve

=m % a

.. Maximum load on the rocker arm for exhaust valve,
F,=FP+F +F
It may be noted that maximum load on the rocker arm for inlet valve is
F.=F +F_

Since the maximum load on the rocker arm for exhaust valve is more than that of inlet valve,

therefore, the rocker arm must be designed on the basis of maximum load on the rocker arm for
exhaust valve, as discussed below :

1. Design for fulcrum pin. The load acting on the fulcrum pin is the total reaction (&) at the
fulcrum point.

www.vidyarthiplus.com



www. Vi dyart hi pl us. con

arm for the inlet valve of the same dimensions as that for exhaust valve. A typical rocker arm for
operating the exhaust valve is shown in Fig. 32.24. The lever ratio a /' b is generally decided by
considering the space available for rocker arm. For moderate and low speed engines, a /b is equal to
one. For high speed engines, the ratio a /bis taken as 1/ 1.3. The various forces acting on the rocker
arm of exhaust valve are the gas load, spring force and force due to valve acceleration.

7 i

Section at A=A

Fig. 32.24. Rocker arm for exhaust valve.
Let m, = Mass of the valve,
d,_ = Diameter of the valve head,
h = Lift of the valve,
a = Acceleration of the valve,
p_ = Cylinder pressure or back pressure when the exhust valve opens, and
P, = Maximum suction pressure.
We know that gas load,

F = Area of valve x Cylinder pressure when the exhaust valve opens

_ e
- 4(d1'] pr_'

Spring force, F, = Area of valve x Maximum suction pressure

= 5 @)’p,
and force due to valve acceleration,
F_ = Mass of valve x Accleration of valve

=m % a

.. Maximum load on the rocker arm for exhaust valve,
F,=FP+F +F
It may be noted that maximum load on the rocker arm for inlet valve is
F.=F +F_

Since the maximum load on the rocker arm for exhaust valve is more than that of inlet valve,

therefore, the rocker arm must be designed on the basis of maximum load on the rocker arm for
exhaust valve, as discussed below :

1. Design for fulcrum pin. The load acting on the fulcrum pin is the total reaction (&) at the
fulcrum point.
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Let d, = Diameter of the fulcrum pin, and
I, = Length of the fulcrum pin.
Considering the bearing of the fulcrum pin. We know that load on the fulcrum pin,
Ry =d,-1,-p,
The ratio of /, / d, is taken as 1.25 and the bearing pressure ( p, ) for ordinary lubrication is taken
from 3.5 to 6 N/ mm? and it may go upto 10.5 N/mm? for forced lubrication.
The pin should be checked for the induced shear stress.
The thickness of the phosphor bronze bush may be taken from 2 to 4 mm. The outside diameter
of the boss at the fulcrum is usually taken twice the diameter of the fulcrum pin.
2. Design for forked end. The forked end of the rocker arm carries a roller by means of a pin.
For uniform wear, the roller should revolve in the eyes. The load acting on the roller pin is F .
Let d, = Diameter of the roller pin, and
I, = Length of the roller pin.
Consiering the bearing of the roller pin. We know that load on the roller pin,
Fo=dy-1,-p,
The ratio of I,/ d, may be taken as 1.25. The roller pin should be checked for induced shear
stesss.
The roller pin is fixed in eye and the thickness of each eye is taken as half the length of the
roller pin.
.. Thickness of each eye = 1,/ 2
The radial thickness of eye (t;) is taken as d, / 2 . Therefore overall diameter of the eye,
D, =2d,
The outer diameter of the roller is taken slightly larger (atleast 3 mm more) than the outer
diameter of the eye.
A clearance of 1.5 mm between the roller and the fork on either side of the roller is provided.
3. Design for rocker arm cross=section. The rocker arm may be treated as a simply supported
beam and loaded at the fulcrum point. We have already discussed that the rocker arm is generally of
Isection but for low speed engines, it can be of rectangular section. Due to the load on the valve, the
rocker arm is subjected to bending moment.
Let I = Effective length of each rocker arm, and
G, = Permissible bending stress.
We know that bending moment on the rocker arm,

M=F xI ... f)
We also know that bending moment,
M=0,xZ ..[#)
where Z = Section modulus.

From equations (7) and (77), the value of Zis obtained and thus the dimensions of the section are
determined.

4. Design for tappet. The tappet end of the rocker arm is made circular to receive the tappet
which is a stud with a lock nut. The compressive load acting on the tappet is the maximum load on the
rocker arm for the exhaust valve (F).

Let d_ = Core diameter of the tappet, and

0, = Permissible compressive stress for the material of the tappet which
is made of mild steel. It may be taken as 50 MPa.

We know that load on the tappet,

F, =7 (d)0,

2

From this expression, the core diameter of the tappet is determined. The outer or nominal diameter
of the tappet (d) is given as
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d =d /084
The diameter of the circular end of the rocker arm (L) and its depth (z,) is taken as twice the
nominal diameter of the tappet (d ), ie.
D.=2d ; and t,=2d
5. Design for valve spring. The valve spring is used to provide sufficient force during the valve
lifting process in order to overcome the inertia of valve gear and to keep it with the cam without

bouncing. The spring is generally made from plain carbon spring steel. The total load for which the
spring is designed is equal to the sum of initial load and load at full lift.

Let W, = Initial load on the spring
= Force on the valve tending to draw it into the cylinder on suction
stroke,
WE = Load at full lift
= Full lift x Stiffness of spring
.. Total load on the spring,
W=W, +W,
Note : Here we are only interested in calculating the total load on the spring. The design of the valve spring is
done in the similar ways as discussed for compression springs in Chapter 23 on Springs.
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Design a rocker arm, and its bearings, tappet, roller and valve spring for the
exhaust valve of a four stroke I.C. engine from the following data:

Diameter of the valve head = 80 mm, Lift of the valve = 25 mm; Mass of associated parts with

the valve = (14 kg ; Angle of action of camshaft = 110° ; R. P M. of the crankshaft = 1500.

From the probable indicator diagram, it has been observed that the greatest back pressure

when the exhaust valve opens is (0.4 Nimn¥ and the greatest suction pressure is 0.02 N/mn¥ below
atmosphere.

The rocker arm is to be of I-section and the effective length of each arm may be taken as

180 mm ; the angle between the two arms being 135°.
The motion of the valve may be assumed 5. H.M., without dwell in fully open position.

Choose your own materials and suitable values for the stresses.
Draw fully dimensioned sketches of the valve gear.

Solution. Given : d =80 mm ; A=25mm orr= 25/2=125mm=00125m; m=04 kg ;

c=110"; N=1500 rp.m. ; p_= 0.4 N'mm? ; p_= 0.02 N/mm? ; /= 180 mm ; 6 = 135°

A rocker arm for operating the exhaust valve is shown in Fig. 32.25.

First of all, let us find the various forces acting on the rocker arm of the exhaust valve.

We know that gas load on the valve,

P, = g (d,)? p. =g (80)% 0.4 = 2011 N
Weight of associated parts with the valve,

w=m-g=04x98=392N
.. Total load on the valve,

P =P +w=2011+392=201492N
Initial spring force considering weight of the valve,

- :

1

The force due to valve acceleration (F) may be obtained as discussed below :

Fo=—(d)p—w-= % (80)% 0.02 —3.92 =96.6 N
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We know that speed of camshaft
_ g _ @ =750 rp.m.
and angle turned by the camshaft per second
_ %x 360 = 4500 deg /s
R,
Spring Roller

5,';/ Forked end F,

Fig. 32.25

. Time taken for the valve to open and close,

_ _Angle of action of cam 110
Angle turned by camshaft ~— 4500

We know that maximum acceleration of the valve

=0.024 s

2 2 '
_ _ 21 _ 21 _ 7 ( — _]
a=o-r= [Tl r_([].DEJJ 0.0125=85Tm/s* .. |~ @=—
.. Force due to valve acceleration, considering the weight of the valve,
F =m-a+w=04=837+392=346T2 N .. (i7)

&

and maximum load on the rocker arm for exhaust valve,
F =P+F +F =201492 + 96.6 + 346.72 = 2458.24 say 2460 N

Since the length of the two arms of the rocker are equal, therefore, the load at the two ends of the
arm are equal, ie F = F_= 2460 N.
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We know that reaction at the fulcrum pin £
Ry = (F)* + (F)? —2 F, x F, x cos®

= J (2460)% + (2460)° — 2 x 2460 x 2460 x cos 135° = 4545 N

Let us now design the various parts of the rocker arm.
1. Design of fulcrum pin
Let d, = Diameter of the fulcrum pin, and
I, = Length of the fulcrum pin = 1.25 d| ...|Assume)
Considering the bearing of the fulcrum pin. We know that load on the fulcrum pin (&),
4545 =d, x I, x p,=d, x 1.25 d, x 5 =6.25 (d;)*
...(For ordinary lubrication, Py, Is taken as 5 N/mm?)
o [d'l}z = 4545 /6.25 = 727 or d| = 26.97 say 30 mm Ans.
and I, = 1.25 d; = 1.25 x 30 = 37.5 mm Ans.
Now let us check the average shear stress induced in the pin. Since the pin is in double shear,
therefore, load on the fulcrum pin (K),

4545 = Zx;[dlfuzx%{an}?hum T
T = 4545/ 1414 = 3.2 N/mm? or MPa

This induced shear stress is quite safe.

Now external diameter of the boss,
D, =2d, =2 x 30 = 60 mm

Assuming a phosphor bronze bush of 3 mm thick, the internal diameter of the hole in the lever,
d,=d +2x3=30+6=236 mm

Let us now check the induced bending stress for the section of the boss at the fulcrum
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Bending moment at this section,
M =F, x I= 2460 x 180 = 443 x 10° N-mm
Section modulus,

1 3 3
X375 1(60)° — (36)°]

= 5072 =17 640 mm?
. Induced bending stress,
M 443x10° ,
0, = 7 = 17640 - 25.1 N/mm? or MPa

The induced bending stress is quite safe.
2. Design for forked end

Let d, = Diameter of the roller pin,

and
I, = Length of the roller pin
= 1.25 d, ...(Assume)

. com

e 375 —=

%//////////

R

Fig. 32.26

Considering bearing of the roller pin. We know that load on the roller pin (F),
2460 =d, x I, x p, =d, x 1.2 d, x T = 8.75 (d,)?

.. (Taking p, =

TN/ mm?)

o [d'zlz = 2460 /8.75 =281 or d, = 16.76 say 18 mm Ans.
and I, =1.25 d, = 1.25 x 18 = 22.5 say 24 mm Ans.
Let us now check the roller pin for induced shearing stress. Since the pin is in double shear,

therefore, load on the roller pin (F),

2460 = 2 x % (dy)?1 = Zx% (18)27 =509 1
T = 2460 / 509 = 4.83 N/mm? or MPa

This induced shear stress is quite safe.

The roller pin is fixed in the eye and thickenss of each eye is

taken as one-half the length of the roller pin.
. Thickness of each eye,

L, 24
fz =?:T:12 mim

Let us now theck the induced bending stress in the roller
pin. The pin is neither simply supported in fork nor rigidly fixed
at the end. Therefore, the common practice is to assume the load

distrubution as shown in Fig. 32.27.

The maximum bending moment will occur at ¥~}

Neglecting the effect of clearance, we have
Maximum bending moment at Y- ¥,

F(hL 6\ F _bL
M=T[?+€] 271

F .fz b _Fc b
=T[?+F] 277 -
Nz
=12 300 N-mm

xﬁx&:%xzdﬁﬂxﬂ
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and section modulus of the pin,

Z=725 (213——{1313 573 mm’

32
.. Bending stress induced in the pin
M 12300

- = _21.5 N/mm® or MPa
7 573

This bending stress induced in the pin is within permissible limits.
Since the radial thickness of eye (t,) is taken as dza" 2, therefore, overall diameter of the eye,
D, =2d,=2x18 =36 mm

The outer diameter of the roller is taken slightly larger (atleast 3 mm more) than the outer
diameter of the eye.

In the present case, 42 mm outer diameter of the roller will be /- Flange

sufficient. L J

Providing a clearance of 1.5 mm between the roller and the

fork on either side of the roller, we have
} Web “
L= h+2xZ+2x15 e 61
_ 24+Ex1—22+3 39 mm s

3. Design for rocker arm cross-section |_ _|

The cross-section of the roker arm is obtained by considering I"_zjf _"I T
the bending of the sections just near the boss of fulcrum on both .
sides, such as section 4 - Aand B- B. Fig. 32.28

We know that maximum bending moment at 4 - A and B - B.

M= 2460 (18[} - %J =369%10° N-mm
The rocker arm is of [-section. Let us assume the proportions as shown in Fig. 32.28. We know
that section modulus, ¥
E[E.Er{ﬁrﬁ-l.ﬁr{“ﬁ] 27!

_ = =12.33 #
Z Ge/2 3t

.. Bending stress (g,),

M _369x10° _ 20.93x10°
zZ 1233° 7
£ =2993x103/70=4276 or t=7.5say8mm
Width of flange = 2.5 t=2.5 x 8 = 20 mm Ans.
Depth of web = 4 f=4 % 8 = 32 mm Ans.
and depth of the section = 6 =6 x 8 = 48 mm Ans.

Normally thickness of the flange and web is constant throughout, whereas the width and depth
is tapered.

70 =

4. Design for tappet screw

The adjustable tappet screw carries a compressive load of F 2460 N. Assuming the screw is
made of mild steel for which the compressive stress (G_) may be taken as 50 MPa.
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Let d_ = Core diameter of the tappet screw.
We know that the load on the tappet screw (F ),

2460 = g (d)? o, =; (d.)250=39.3 (d.)?
o '[1:|"|:]'2 = 2460 /39.3=62.6 or d_=T7.9say 8 mm
and outer or nominal diameter of the screw,
d = A i—Q.EZ say 10 mm Ans.
0.84 0.84

We shall use 10 mm stud and it is provided with a lock nut. The diameter of the circular end of
the arm {Da} and its depth () is taken as twice the diameter of stud.

s D, =2 %10 =20 mm Ans.
and t; = 2% 10 = 20 mm Ans.
3. Design for valve spring
First of all, let us find the total load on the valve spring.
We know that initial load on the spring,
W, = Initial spring force (F)) =96.6 N ...[Already calculated)
and load at full lift,
W, = Full valve lift x Stiffiness of spring (s)
=20x10=250N ...{Assuming s = 10 N/mm)
. Total load on the spring,
W=W, +W,=96.6+250=2346.6 N
Now let us find the various dimensions for the valve spring, as discussed below:
(@) Mean diameter of spring coil
Let [} = Mean diameter of the spring coil, and
d = Diameter of the spring wire.
We know that Wahl's stress factor,

4C-1 L0615 _ 4x8-1 0615

= =1.184
4C—4 C  4x8- 4 8

..[Assuming C = D¥d = 8)

and maximum shear stress (1),

420 = Kx W—l 184 % 8x346.zl3><8= EEE[}
nd’ nd d
...[Assuming t = 420 MPa or N/mm?)
d?=8360/420=199 or d=4.46 mm
The standard size of the wire is SWG 7 having diameter ( d) = 4.47 mm. Ans. (See Table 22.2).
. Mean diameter of the spring coil,
D=C-d=8x447=35.76 mm Ans.
and outer diameter of the spring coil,
D = D+d=23576 + 447 = 40.23 mm Ans.
(&) Number of turns of the coil

Let n = Number of active turns of the coil.

We know that maximum compression of the spring,
5 8W.Cn 3 _8Cn
- 6¢d "W Gd
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(&) Number of turns of the coil
Let n = Number of active turns of the coil.
We know that maximum compression of the spring,
_8W-C.n 5 8C.n

S=—FC4 " W~ Cd

Since the stiffness of the springs, s= W/ & = 10 N/mm, therefore,  / W= 1/10. Taking
G = 84 x 10* MPa or N/'mm?, we have

1 8x8 xn 1091
0 - 84x10° x 447  10°
n=10%/10.9 x 10 = 9.17 say 10
For squared and ground ends, the total number of the turns,
nm=n+2=10+2=12 Ans.
(c) Free length of the spring

Since the compression produced under W, = 250 N is 25 mm (i.e. equal to full valve lift),
therefore, maximum compression produced (& __ ) under the maximum load of W= 346.6 N is

& = % % 346.6 = 34.66 mm
We know that free length of the spring,
Ly=r-d+ & _+015 &
=12 = 447 + 34.66 + 0.15 x 34.66 = 93.5 mm Ans.
(d) Pirch af the coil

We know that pitch of the coil

Free length 935
=7 :IE_I:B.Emm::ms.
Example 32. 8. Design the various components of the valve gear mechanism for a horizontal
diesel engine for the following data:
Bore = 140 mm | Stroke = 270 mm ;| Power = 8.25 kW ; Speed = 475 rp.m. | Maximum gas

pressure = 3.5 N/mnr’
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The valve opens 33" before outer dead cerntre and closes 1° after inner dead centre. It opens
and closes with constant acceleration and decleration for each half of the Iift. The length of the
rocker arm on either side of the fulcrum fs 150 mm and the included angle is 160°. The weight of the
valve is 3 N.

Solution. Given: D=140mm=014m: L=2T0mm=0.27 m ; Power=8.25 kW = 8250 W ;
N=475rpm;p=35N/mm?; /=150 mm=0.15m ;6= 160" ; w=3 N

First of all, let us find out dimensions of the valve as discussed below :
Size of the valve port
Let d, = Diameter of the valve port, and

T d)?
a, = Area of the valve port = 1 (dp)
We know that area of the piston,

T n
a=—D" ==

2 _ 2
) 7 (0147 =0.0154m

and mean velocity of the piston,

C2LN_ 2x0.27 x 475
"TTe0 T 60
From Table 32.3, let us take the mean velocity of the gas through the port (v ) as 40 m/s.

We know that a .v. =av

=427 m/s

PP

% (d,)?40 =0.0154 x 4.275 or 31.42 (d)? = 0.0658

[ﬂfp}2 =0.0658/31.42=209 %1073 or dp = 0.045 m = 45 mm Ans.
Maximum lift of the valve
We know that maximum lift of the valve,

d 45
= %cos o 4cos 450 15.9 say 16 mm Ans.

h
...[Taking o = 457)

Thickness af the valve head
We know that thickness of valve head,

t=k-d |2 —042x45 ,fE = 4.72 mm Ans.
g Op 56

...(Taking & = 0.42 and o, = 56 MPa)

Falve stem diameter

We know that valve stem diameter,

dp 45
d, = =t 6.35 mm = 5t 6.35 =11.97 say 12 mm Ans.
Valve head diameter

The projected width of the valve seat, for a seat angle of 45°, may be empirically taken as
0.05 d, to 0.07 d,. Let us take width of the valve seat as 0.06 d, i.e. 0.06 x 45 = 2.7 mm.
~. Valve head diameter, d, = d + 2 x 2.7 =45+ 5.4 = 50.4 say 51 mm Ans.

Now let us calculate the various forces acting on the rocker arm of exhaust valve.
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We know that gas load on the valve,

P, = g (d,)? p, =§ (51204 =817 N ...(Taking p_= 0.4 N/mm?)

Total load on the valve, considering the weight of the valve,
P=F +w=81T+3=820N

Initial spring force, considering the weight of the valve,

m

F=3

(d,)’ p, - w=§ (51)20.025 — 3= 48N

..(Taking p, = 0.025 N/mm?)
The force due to acceleration (F) may be obtained as discussed below :
We know that total angle of crank for which the valve remains open
=33+ 180 +1=214°

Since the engine is a four stroke engine, therefore the camshaft angle for which the valve

remains open
=214/2=107"

Now, when the camshaft turns through 107 / 2 = 53.57, the valve lifts by a distance of 16 mm. It
may be noted that the half of this period is occupied by constant acceleration and half by constant
decleration. The same process occurs when the valve closes. Therefore, the period for constant
acceleration is equal to camshaft rotation of 53.5 /2 = 26.75 * and during this time, the valve lifts
through a distance of 8 mm.

We know that speed of camshaft

N 475
=5 =7 = 237.5 rp.m.
.. Angle turned by the camshaft per second
_ %x?ﬂ] — 1425 deg /s
and time taken by the camshaft for constant acceleration,
26.75
-I.'F = ﬁ = [].D].SE s
Let a = Acceleration of the valve.
1
We know that s=u.t+ 5 at ... (Equation of motion)
8 =Dxf+%a (0.0188)° =1.767 % 107" a oo u=0)

a=8/1767Tx10"=45274 mm/s*=45.274 m/s?
and force due to valve acceleration, considering the weight of the valve,

Fa:m-a+w:%x45.2?4+3:16.84N e (v m= wig)

We know that the maximum load on the rocker arm for exhaust valwve,

F =P+ F +F =820+48 + 16.84 = 884.84 say 885 N

Since the length of the two arms of the rocker are equal, therefore, load at the two ends of the
arm are equal, i.e. F,= F_= 885 N.
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We know that reaction at the fulcrum pin F;
Ry = J (E)? + (F)? — 2F, X . X cos®

= J (885)% + (885)% — 2 x B85 x 885 x cos 160° = 1743 N
The rocker arm is shown in Fig. 32.29. We shall now design the various parts of rocker arm as

discussed below:

4
[

Spring

rl{ﬂller
i

b

i
ik,

Fig. 32.29
1. Design of fulcrum pin
Let d, = Diameter of the fulcrum pin, and
1, = Length of the fulcrum pin = 1.25 4| ... (Assume)

Considering the bearing of the fulcrum pin. We know that load on the fulcrum pin (Kp),
1743 =d, x I, x p,=d, x 1.25 d| x 5 = 6.25 (d,)?
... For ordinary lubrication, p,, is taken as 5 N/mm?)
s (dy)? = 1743/6.25 =279 or d| = 16.7 say 17 mm
and I, =1.25d, =1.25 x 17 = 21.25 say 22 mm

Now let us check the average shear stress induced in the pin. Since the pin is in double shear,
therefore, load on the fulcrum pin (Rp).

1743 = ng (dy) %t = 2><;[1?]21=454 T

T = 1743 / 454 = 3.84 N/mm? or MPa
This induced shear stress is quite safe.
Now external diameter of the boss,
D, =2d, =2 = 17=34 mm
Assuming a phosphor bronze bush of 3 mm thick, the internal diameter of the hole in the lever,
dy =d|+2x3=17T+6=23 mm
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Now, let us check the induced bending stress for the 2
section of the boss at the fulcrum which is shown in Fig.
32.30. % //
Bending moment at this section, s m”/%\:h = ;
M =F,x I=885 x 150 N-mm T
=132 750 N-mm
Section modulus, M o — 17 23
1 d
— x 22 [(34)" — (23)%) J[
Z: 12 = EBZT ]mn3 e
3172 SN T
Induced bending stress, / /////
a, = g = 13;2292??5.[] = 45.3 N/mm? or MPa All dimensions in mm
Fig. 32.30
The induced bending stress is quite safe.
2. Design for forked end
Let d, = Diameter of the roller pin, and
1, = Length of the roller pin = 1.25 d, ... Assume)

Considering bearing of the roller pin. We know that load on the roller pin (F),
885=d, x I, x p,=d, x 1.25 d, x T = 8.75 (d,)?
...(Taking p, = T N/mm?)
(d,)*=885/8.75=101.14 or d,=10.06 say 11 mm Ans.
and I,=1.25d, =125 x 11 = 13.75 say 14 mm Auns.
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Let us now check the roller pin for induced shearing stress. Since the pin is in double shear,
therefore, load on the roller pin (F ),

885 = 2 x % [dz}?*r:Zx;{ll]Et:lQDT

T = 885/190 = 4.66 N/mm’ or MPa
This induced shear stress is quite safe.

The roller pin is fixed in the eye and thickness of each eye is taken as one-half the length of the

roller pin.

.. Thickness of each eye,
L 14 Fe Fe
ty=2=—=7mm 2, 2
Let us now check the induced bending stress in the roller Al( I "F\
pin. The pin is neither simply supported in fork nor rigidly fixed | .
at the end. Therefore, the common practice is to assume the load 73 — Hjn f— _’_’Tz
distribution as shown in Fig. 32.31. !
The maximum bending moment will occur at ¥~ ¥ & + b
Neglecting the effect of clearance, we have 4

Maximum bending moment at }-¥,
F (L 4 F. 5
) R S [ ¥ S
M= [2 3] 2 "4

i[*’i *’i]_i L

22 7%6) "2 Fq lve=1k2)
5

-ﬁxFExfz

= %x 880 x 14 = 2581 N-mm

and section modulus of I.l_'le pin,

a3 a3 3
L= 5 (dz)" = 5 (11)° =131 mm
.. Bending stress induced in the pin

M _ 2581 ,
= Z =131 = 19.7 N/mm* or MPa

This bending stress induced in the pin is within permissible limits.

Fig. 32.31

Since the radial thickness of eye (t;) is taken as dzf’ 2, therefore, overall diameter of the eye,
D=2d,=2x11 =22 mm
The outer diameter of the roller is taken slightly larger (at least 3 mm more) than the outer
diameter of the eye. In the present case, 28 mm outer diameter of the roller will be sufficient.
Providing a clearance of 1.5 mm between the roller and the fork on either side of the roller, we have

s
13=12+2x52 +2x15=14+2 x%+3:24mm

3. Design for rocker arm cross-section

Since the engine is a slow speed engine, therefore, a rectangular section may be selected for the
rocker arm. The cross-section of the rocker arm is obtained by considering the bending of the sections
just near the boss of fulcrum on both sides, such as section A-4 and B- B.
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Let t; = Thickness of the rocker arm which is uniform throughout.

B = Width or depth of the rocker arm which varies from boss diameter
of fulcrum to outside diameter of the eye (for the forked end side)
and from boss diameter of fulcrum to thickness , (for the tappet or
stud end side).

Now bending moment on section A - 4 and B - B,

' 34
and section modulus at A - Aand 5 - B,

1 1 1
7 = _xr,.B"‘=Exrl {qf:E x £ (34)2=193 ¢,

0 ...|At sactions A-A and B-F, B =10)

We know that bending stress (@),

M 117 705
70 =7Z=qo3; P ..(Taking &, = 70 MPa or N/'mm?)
o t, = 117705 /193 x 70 = 8.7 say 10 mm Ans.
4. Design for tappet screw

The adjustable tappet screw carries a compressive load of F, =885 N. Assuming the screw to
be made of mild steel for which the compressive stress (G ) may be taken as 50 MPa.

Let d_ = Core diameter of the tappet screw.

We know that load on the tappet screw (F)),

885 = % (d.?) o, = % (d.)? 50 = 39.3(d.)

. I{dL}E =885/39.3 =225 or d_=4.74 say 5 mm Ans.

and outer or nominal diameter of the screw,

d 9
d = 1]_!;4 =0g =6.20 say 6.5 mm Ans.

We shall use 6.5 mm stud and it is provided with a lock nut. The diameter of the circular end of
the arm ([);) and its depth (t,) is taken as twice the diameter of stud.

D, =2%x6.5=13 mm Ans.
and ty = 2% 6.9 =13 mm Ans.
3. Design for valve spring

First of all, let us find the total load on the valve spring.

We know that intial load on the spring,

W, = Initial spring force (F) =48 N ..[Already calculated)
and load at full lift, W, = Full valve lift x Stiffness of spring (s)
=16 x8=128N ...|Taking s = 8 N/mm)
. Total load on the spring,

W=W+W,=48+128=17T6N
Now let us find the various dimensions for the valve spring as discussed below:
(@) Mean diameter of the spring coil

Let [} = Mean diameter of the spring coil, and
d = Diameter of the spring wire.
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We know that Wah!'s stress factor,

4C -1 0615 4x6-1 0615
K=qc—3* ¢ “d=x5_-17 ¢ =122

...{Assuming C = [Vd = 6)

and maximum shear stress (1),

8 WC 8x176x 6 3368
420 = K =1.2525= =
* nd? nd’ 42

d* =3368/420=8.02 or d=2.83 mm

The standard size of the wire is SWG 11 having a diameter (d ) = 2.946 mm Ans.
(see Table 22.2)

.. Mean diameter of spring coil,
D=C-d=6x2946 =17.676 mm Ans.
and outer diameter of the spring coil,
D =D+ d=17.676 + 2.946 = 20.622 mm Ans.
(B) Number of turns of the coil
Let n = Number of turns of the coil,
We know that maximum compression of the spring.

8W-C*n 85 8Cn

S="Fag O W o4
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Since the stiffness of the spring, s = W/8 = 8 N/ mm, therefore 8/ W = 1/8. Taking
=84 x 10° MPa or N:"mm we have

8x6°xn 698~
T 84x10°x2946  10°
103/8 x 6.98 = 17.9 say 18
FDI‘ squared and ground ends, the total number of turns,
n=n+2=18+2=20Ans.
(c) Free length of the spring

ﬂ:l||—-

n

Since the compression produced under W, = 128 N is 16 mm, therefore, maximum compression
produced under the maximum load of W=176 N is

O 0 = %x]?ﬂ 22 mm
We know that free length of the spring,
Ly=n"d+38__ +0.155
=20 2.946 + 22 + 0.15 x 22 = 84.22 say 85 mm Ans.
(d) Pitch of the coil

We know that pitch of the coil

_ Free length -85
71 —ED_1:4.4?mA|15.

Design af cam
The cam is forged as one piece with the camshaft. It is designed as discussed below :

The diameter of camshaft (L¥) is taken empirically as
1Y =0.16 = Cylinder bore + 12.7 mm
=0.16 x 140 + 12.7 = 35.1 say 36 mm

The base circle diameter is about 3 mm greater than the camshaft diameter.

". Base circle diameter = 36 + 3 = 39 say 40 mm

The width of cam is taken equal to the width of roller, i.e. 14 mm.

The width of cam (w’) is also taken empirically as

w’ = 0.09 x Cylinder bore + 6 mm = 0.09 x 140 +6 = 18.6 mm

Let us take the width of cam as 18 mm.

Now the *cam is drawn according to the procedure given below :

First of all, the displacement diagram, as shown in Fig. 32.32, is drawn as discussed in the

following steps :

1. Draw a horizontal line ANM such that AN represents the angular displacement when valve
opens (i.e. 53.5%) to some suitable scale. The line NM represents the angular displacement
of the cam when valve closes (i.e. 53.5°).

2. Divide AN and NM into any number of equal even parts (say six).

3. Draw vertical lines through points 0, 1, 2, 3 etc. equal to the lift of valve ie. 16 mm.

4. Divide the vertical lines 3 — fand 3’ - f” into six equal parts as shown by points a, b, c... and
a,t, c .. inFig. 32.32.

3. Since the valve moves with equal uniform acceleration and decleration for each half of the
lift, therefore, valve displacement diagram for opening and closing of valve consists of
double parabola.
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- Valve closes——————
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Now the profile of the cam, as shown in
Fig. 32.32, is drawn as discussed in the
following steps:

1.

53.5° > 53.5° >

Fig. 32.32. Displacement diagram.

Join Aa, Ab , Ac intersecting the vertical lines through 1, 2, 3 at B, C, D respectively.
Join the points B, C, Dwith a smooth ’

curve. This is the required parabola for
the half of valve opening. Similarly
other curves may be drawn as shown
in Fig. 32.32.

The curve A, B, C, ..., G, K, L, M is
the required displacement diagram.

Draw a base circle with centre O and
diameter equal 40 mm (radius = 40/2
= 20 mm)

Draw a prime circle with centre Oand
radius, OA= Min. radius of cam + 3
Diameter of roller = 20 + % x 28 Gears keyed to camshafts

=20+ 14=34 mm

Draw angle AOG = 53.5° to represent opening of valve and angle GOM = 53.5° to represent
closing of valve.

Divide the angular displacement of the cam during opening and closing of the valve (ie.
angle AOG and GOM) into same number of equal even parts as in displacement diagram.

. Join the points 1, 2, 3, etc. with the centre Oand produce the lines beyond prime circle as

shown in Fig. 32.33.

Set off points 1B, 2C, 3D, etc. equal to the displacements from displacement diagram.
Jointhe points A, B, C, ...L, M, A. The curve drawn through these points is known as pitch curve.
From the points A, B, C, ...K, L. draw circles of radius equal to the radius of the roller.
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Fig. 32.33

9. Join the bottoms of the circle with a smooth curve as shown in Fig. 32.33. The is the required
profile of cam.
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